





















The	acoustic	emissions	of	large	power	transformers,	being	a	source	of	environmental	noise	 pollution,	 are	 of	 concern	 to	 communities	 living	 in	 proximity	 to	 power	substations.	 Increasingly	 stringent	 noise	 emission	 limits	 are	 therefore	 placed	 on	transformers	 by	 both	 regulators	 and	 utility	 operators.	 However,	 the	 absence	 of	adequate	 modelling	 tools	 to	 predict	 a	 transformer’s	 noise	 levels	 during	 the	 design	phase	means	that	consistently	meeting	acoustic	specifications	is	a	significant	issue	for	manufacturers.		
This	 thesis	 has	 presented	 a	 numerical	 methodology	 to	 identify	 the	 vibration	characteristics	and	predict	the	sound	pressure	levels	of	a	large	power	transformer.	The	methodology	 involves	 developing	 the	 vibro-acoustic	 finite	 element	 model	 of	 a	transformer	 and	 exciting	 the	 model	 with	 forces	 that	 replicate	 the	 excitation	mechanisms	 present	 in	 a	 transformer’s	 active	 part.	 The	 characteristics	 of	 the	transformer	assembly’s	oscillatory	motion	resulting	 from	 the	applied	 forces	are	 then	mapped	to	an	external	acoustic	body,	allowing	sound	pressure	levels	to	be	determined.		
It	 is	of	note	that	all	key	structural	and	 fluid	bodies	 influencing	a	transformer’s	vibro-acoustic	 response	have	 been	 included	 in	 the	 finite	 element	model	 presented	 in	 this	thesis.	 Structural	 components	 within	 the	 model	 therefore	 included	 the	 core,	 the	windings,	 and	 the	 tank	 of	 the	 transformer,	 as	 well	 as	 parts	 connecting	 the	aforementioned	 assemblies.	 Furthermore,	 the	 insulation	 oil	 within	 the	 transformer	and	the	bi-directional	 fluid-structure	 interaction	between	the	active	part,	 the	oil	and	the	tank	have	been	considered.	Such	detailed	modelling	has	enabled	the	prediction	of	a	transformer’s	vibration	and	acoustic	response	characteristics	under	nominal	operating	conditions.	
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The	validation	of	the	vibro-acoustic	modelling	scheme	detailed	in	this	thesis	has	been	conducted	 with	 appropriate	 experimental	 measurements.	 Specifically,	 it	 has	 been	shown	 that	experimentally	determined	modal	parameters	and	sound	pressure	 levels	are	 in	 favourable	 agreement	 with	 numerical	 results.	 Contrasting	 simulated	 and	measured	sound	pressure	levels	over	a	100	Hz	to	400	Hz	spectrum	has	also	illustrated	that	 the	 modelling	 methodology	 identifies	 both	 the	 local	 and	 global	 trends	 in	 a	transformer’s	acoustic	behaviour.	
The	 application	 of	 the	 vibro-acoustic	 modelling	 methodology	 with	 regard	 to	 the	computer-aided	 design	 of	 transformers	 has	 been	 presented	 through	 a	 sensitivity	analysis.	From	this	analysis	it	is	shown	that	the	acoustic	behaviour	of	a	transformer	is	best	optimised	by	increasing	the	stiffness	of	the	active	part,	resulting	in	a	more	linear	acoustic	spectrum	and	lower	sound	pressure	levels.	Furthermore,	evaluation	methods	presented	in	this	thesis,	including	the	study	of	modal	mass	participation	factors,	have	allowed	for	the	identification	of	a	transformer’s	complex	vibration	characteristics	that	result	in	elevated	noise	levels.	
The	 numerical	 prediction	 of	 a	 transformer’s	 vibration	 characteristics	 and	 acoustic	behaviour	together	with	an	understanding	of	the	parameters	best	suited	to	optimising	
a	unit’s	acoustic	design	will	better	enable	 transformer	manufacturers	to	consistently	produce	transformers	that	meet	acoustic	targets.	Manufactures	will	therefore	be	less	likely	 to	 incur	 the	 significant	 non-conformity	 costs	 that	 may	 result	 from	 exceeding	guaranteed	noise	levels.	The	acoustic	optimisation	of	large	power	transformer	designs	will	also	benefit	persons	working	or	living	in	proximity	to	power	substations,	reducing	the	adverse	health	impacts	associated	with	extended	periods	of	noise	exposure.	
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	 ߤ		 		 Dynamic	viscosity	of	a	fluid	
	 ߮	 	 Phase	shift	of	a	waveform	
	 ߱	 	 Angular	frequency	
	
Matrices,	Vectors	and	Scalars	
	 [		]	 	 Matrix	
	 {		}		 	 Column	vector	[		]்;	{		}்	 Transpose	of	a	matrix;	vector	[		]ିଵ	 	 Inverse	of	a	matrix	
	 [		]∗	 	 	Complex	conjugate	of	a	matrix	[		]ற	 	 Gerenalised/Pseudo	inverse	of	a	matrix	
ൣ 		╲		╲ ൧		 	 Diagonal	matrix	[ܫ]		 	 Identity	matrix	[		]௙ 	 	 Matix	representing	the	properties	of	a	fluid		[		]௦	 	 Matix	representing	the	properties	of	a	solid	structure		
	
Spatial	and	Modelling	Properties		[ܥ]	 	 Viscous	damping	matrix		
[ܭ]		 	 Stiffness	matrix	 	
[ܯ]		 	 Mass	matrix	




	 [m୰]	 	 Modal	or	generalised	mass	matrix	
	 {ܰ}	 	 Element	shape	function	{݊}	 	 Outward	normal	vector	at	the	fluid	boundary	
	 {݌௘}	 	 Nodal	pressure	vector	
	 {q}	 	 Nodal	mass	source	vector	










	 [ܪ(߱)]	 	 Frequency	response	matrix	
[ܮ]	 	 Displacement	of	masses	matrix	
	 {ݏ}	 	 Displacement	transformation	vector		






߶௝௥ 	 	 The	݆௧௛	element	of	the	ݎ௧௛	eigenvector	{߶}௥		
	
Abbreviations	and	Units	
AC	 	 Alternating	current	CAD	 	 Computer-aided	design	dB	 	 Decibel	dB(A)	 	 A-weighted	decibel	DOF	 	 Degree	of	freedom	EMA	 	 Experimental	modal	analysis	FE	 	 Finite	element	FEM	 	 Finite	element	method	FFT	 	 Fast	Fourier	transform	FRF	 	 Frequency	response	function	FSI	 	 Fluid-structure	interaction	HEM	 	 Hilbert	Envelope	Method	IFFT	 	 Inverse	fast	Fourier	transform	IFT	 	 Inverse	Fourier	transform	IRF	 	 Impulse	response	function	LTP	 	 Large	power	transformer	MAC	 	 Modal	assurance	criterion	
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A	power	transformer	is	a	device	designed	to	transfer	electrical	energy	between	two	or	more	 circuits	 through	 electromagnetic	 induction.	 Serving	 as	 critical	 nodes	 in	 the	power	 grid,	 transformers	 have	 become	 essential	 in	 the	 effective	 and	 reliable	transmission	 and	 distribution	 of	 electricity.	 A	 diagram	 of	 a	 typical	 oil-filled	transformer	is	seen	in	Figure	1-1.	
	
Figure	1-1	 Illustration	of	an	oil-filled	power	transformer	[1]		














Perhaps	the	best-known	effect	 linked	 to	the	operation	of	 a	power	 transformer	 is	the	distinctive	hum	 it	produces.	This	 characteristic	 is	 caused	by	vibrations	 in	 the	active	part,	which	result	 from	 electromagnetic	and	magnetostrictive	 forces	 in	 the	core	and	the	 windings.	 The	 noise	 emissions	 from	 large	 power	 transformers	 have	 become	 a	serious	 environmental	 problem	 for	 communities	 living	 in	 proximity	 to	 power	substations	and	therefore	stringent	acoustic	regulations	are	increasingly	being	placed	on	 transformers.	Large	power	transformers	 typically	generate	sound	pressure	 levels	ranging	 from	 60	 dB(A)	 to	 80	 dB(A);	 levels	 which	 are	 widely	 recognised	 as	unacceptable	for	24-hour	exposure	in	a	residential	environment	[2].	
A	 significant	 issue	 facing	 transformer	 manufacturers	 is	 meeting	 the	 maximum	allowable	 sound	 levels	 specified	 by	 noise	 regulations	 and	 utility	 operators.	 It	 is	therefore	 critical	 that	 manufacturers	 are	 able	 to	 accurately	 identify	 the	 acoustic	characteristics	of	a	power	transformer	before	production	commences.	However,	this	is	difficult	due	 to	 the	 complex	phenomena	related	 to	 the	generation	of	a	 transformer’s	acoustic	emissions,	as	illustrated	in	Figure	1-2.	
	
Figure	1-2	 Development	of	the	noise	emissions	from	a	power	transformer	
	 	 (	 indicates	the	progression	of	events	which	result	in	the	acoustic	
emissions	of	a	power	transformer)		
The	inherent	uncertainty	in	the	prediction	of	power	transformer	noise	levels	has	led	to	large	safety	margins	in	transformer	designs.	These	safety	margins	introduce	additional	economic	expense	for	manufacturers	in	both	the	design	and	manufacturing	processes.	However,	 failure	 to	 meet	 guaranteed	 noise	 levels	 can	 result	 in	 significant	 non-conformity	costs.	
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i) To	define	a	set	of	generic	procedures	for	numerically	predicting	the	vibration	characteristics	and	noise	levels	of	a	large	power	transformer;	ii) To	validate	the	numerical	methodology	by	comparing	the	simulated	vibration	characteristics	and	noise	emissions	of	 a	 transformer	with	 those	determined	experimentally;		iii) To	 evaluate	 and	 subsequently	 optimise	 the	 vibration	 and	 acoustic	characteristics	 of	 a	 transformer	 employing	 the	 numerical	 methodology,	replicating	the	process	that	may	be	carried	out	within	 the	design	phase	of	 a	transformer;	and	iv) To	 determine	 the	 influence	 of	 key	 structural	 design	 parameters	 on	 the	acoustic	behaviour	of	a	transformer.		





The	significance	of	this	study	resides	in	presenting	a	numerical	methodology	that	will	enable	 transformer	 manufacturers	 to	 evaluate	 and	 optimize	 the	 acoustic	characteristics	 of	 LPTs	 in	 the	 design	 phase.	 This	 evaluation	 and	 optimisation	procedure	will	centre	on	sound	pressure	level	estimates	and	the	numerical	prediction	of	a	transformer’s	vibration	characteristics	that	result	in	elevated	acoustic	emissions.	Such	 a	design	 tool	 is	of	 importance	 to	 transformer	manufacturers	as	 failure	 to	meet	acoustic	 targets	 specified	 by	 regulators	 and	 utilities	 operators	 can	 result	 in	considerable	non-conformity	expenses.		
Together	with	enabling	transformer	manufacturers	to	more	consistently	meet	acoustic	targets,	 accurate	sound	pressure	estimates	will	allow	 the	acoustic	 safety	margins	 in	current	LPT	design	practices	to	be	reduced.	These	safety	margins	introduce	additional	costs	 in	both	the	design	and	manufacturing	phases.	Furthermore,	the	optimization	of	LPT	 designs	 with	 respect	 to	 acoustic	 emissions	 will	 limit	 the	 environmental	 noise	pollution	 introduced	 by	 these	 pieces	 of	 equipment.	 This	 would	 benefit	 persons	working	 or	 living	 in	 proximity	 to	 power	 substations,	 reducing	 the	 adverse	 health	impacts	associated	with	extended	noise	exposure.	
1.4 NOVELTIES	AND	AREAS	OF	SIGNIFICANT	CONTRIBUTION		




The	vibro-acoustic	modelling	of	power	transformers	is	most	comprehensively	detailed	in	 the	 investigations	 published	 by	 Rausch,	 Kaltenbacher,	 Landes	 &	 Lerch	 [3]	 and	Kavasoglu	[4].	However,	both	 the	aforementioned	studies	omit	 the	 transformer	core	from	 the	 respective	numerical	models	 and	 therefore	predict	 only	 coil-emitted	noise	emissions.	The	work	presented	 in	 this	 thesis	 furthers	the	works	of	Rausch	et	al.	and	Kavasoglu	by	detailing	a	vibro-acoustic	model	that	incorporates	all	key	structural	and	fluid	 elements	 (i.e.	 the	 core,	 the	windings,	 the	 transformer	 tank	 and	 the	 insulation	fluid).	 This	 allows	 the	 model	 to	 predict	 a	 transformer’s	 acoustic	 behaviour	 under	nominal	operating	conditions,	with	acoustic	emissions	resulting	from	the	vibration	of	both	the	core	and	the	windings.	
A	second	limitation	of	the	studies	performed	by	Rausch	et	al.	and	Kavasoglu	is	that	the	prediction	 and	 subsequent	 validation	 of	 sound	 pressure	 levels	 is	 performed	exclusively	 at	 double	 the	 network	 frequency	 (being	 100	 Hz	 or	 120	 Hz).	 When	considering	 the	 acoustic	 behaviour	 of	 a	 large	 power	 transformer	 under	 nominal	operating	 conditions	 this	 simplification	 is	 not	 valid.	 Therefore,	 the	 study	 presented	within	this	thesis	 is	novel	 in	that	it	predicts	and	validates	acoustic	emissions	over	an	extended	 frequency	 range.	 Explicitly,	 this	 thesis	 estimates	 and	 validates	 sound	pressure	 levels	 over	 a	 spectrum	 which	 includes	 the	 network	 frequency	 harmonics	considered	dominant	in	the	acoustic	spectrum	of	a	LPT.		




Finally,	 this	 thesis	 details	 the	 first	 modal	 damping	 analysis	 of	 a	 large	 power	transformer.	Due	 to	 the	 limitations	of	 conventional	 curve-fitting	 techniques	 a	 novel	methodology	 to	 identify	 the	 modal	 damping	 behaviour	 of	 a	 complex	 fluid-filled	assembly	is	also	set	out	and	a	partial	numerical	validation	of	the	methodology	is	given.	Additionally,	 the	 interpretation	 and	 application	 of	 the	 experimentally	 determined	modal	damping	characteristics	to	the	finite	element	model	of	the	studied	transformer	is	conducted	in	a	way	that	has	not	been	presented	in	past	literature.	
1.5 ASSUMPTIONS	AND	APPROXIMATIONS	
While	 attempts	 have	 been	 made	 to	 make	 the	 numerical	 prediction	 of	 transformer	noise	presented	 in	this	thesis	as	generic	as	possible,	the	modelling	process	 inevitably	contains	a	number	of	assumptions.	These	assumptions	may	to	some	extent	explain	the	limitations	 or	 discrepancies	 of	 the	 results	 shown	 in	 later	 chapters.	 The	 principal	assumptions	made	in	this	thesis	are	outlined	as	follows:		
· The	discretisation	of	the	model	was	conducted	by	means	of	finite	elements;		
· Contact	 between	 single	parts	 or	 assemblies	have	 been	 considered	 bonded	 and	were	therefore	modelled	with	linear	bonded	contacts;	
· The	damping	nature	of	the	transformer	analysed	in	this	thesis	 is	assumed	to	be	that	of	proportional	viscous	damping;	and		






































The	 purpose	 of	 this	 chapter	 is	 to	 provide	 an	 overview	 of	 the	 key	 concepts	 and	 to	identify	the	strengths	and	weaknesses	of	previous	studies	relating	to	the	prediction	of	transformer	noise.	The	chapter	begins	by	introducing	the	fundamentals	of	transformer	noise	 including	 vibration	 sources,	 transmission	 paths	 and	 radiated	 sound.	 The	principal	 approaches	 that	have	been	employed	 in	previous	 investigations	 to	predict	transformer	noise	are	then	detailed.	Within	this	chapter	there	is	a	particular	focus	on	the	 finite	element	approach	to	predict	transformer	noise	and	the	method’s	validation	through	experimental	modal	analysis	(EMA).	The	analysis	of	EMA	data	to	determine	an	oscillating	system’s	modal	damping	characteristics,	thereby	allowing	the	system	to	be	more	accurately	modelled,	is	also	discussed.		
2.1 FUNDAMENTALS	OF	TRANSFORMER	NOISE	AND	VIBRATIONS	
Under	nominal	operating	conditions	a	transformer’s	acoustic	emissions	result	from	the	vibrations	of	the	core	and	the	windings,	and	the	noise	generated	by	auxiliary	cooling	equipment.	 Estimation	 and	 the	 subsequent	 adjustment	 of	 the	 noise	 produced	 by	cooling	equipment,	such	as	 fans	and	pumps,	can	generally	be	made	through	physical	measurements	and	analytical	modelling.	However,	predicting	the	noise	resulting	from	the	vibrations	of	the	core	and	the	windings	is	significantly	more	challenging.		








The	 vibrations	 of	 a	 transformer’s	 active	 part	 result	 from	 three	 distinct	 excitation	mechanisms:	 a	 magnetostrictive	 effect	 in	 the	 core;	Maxwell	 forces	 in	 the	 core;	 and	Lorentz	 forces	 in	 the	 windings	 [5-7].	 Figure	 2-1	 illustrates	 these	 excitation	mechanisms	within	the	context	of	power	transformer	noise.	There	is	much	conjecture	about	 which	 excitation	 mechanism	 in	 a	 transformer’s	 active	 part	 is	 the	 dominant	source	of	acoustic	emissions	(refer	to	Refs.	 [3,	7-10]	 for	conflicting	arguments).	 It	 is	also	plausible	that	the	dominant	source	of	noise	 is	dependent	on	an	individual	unit’s	design	and	operating	specifications.	This	is	view	supported	by	Refs.		[11,	12].		
Figure	2-1		 Sources	of	noise	emissions	from	a	power	transformer	 	
	 	 (-	-	-	indicates	the	noise	sources	considered	in	this	thesis)		
Although	 the	 dominant	 source	of	 transformer	 noise	 is	 unclear,	 the	 three	 excitation	mechanisms	 that	 generate	 a	 transformer’s	 acoustic	 emissions	 have	 been	 studied	extensively.	Key	points	of	consensus	among	preceding	investigations	include:	

















The	 vibrations	 resulting	 from	 the	 excitation	 mechanisms	 in	 the	 active	 part	 of	 a	transformer	are	able	to	reach	the	tank	wall	through	two	transmission	paths.	Refs.	[13-15]	have	investigated	these	two	transmission	mechanisms,	being:		
· A	direct	coupling	through	mechanical	joints	
A	direct	coupling	of	the	active	part	and	the	tank	occurs	through	mechanical	joints,	with	transmission	primarily	through	the	base	of	the	tank	on	which	the	active	part	rests.	
· Indirect	transmission	through	the	insulation	fluid	An	 indirect	 coupling	 through	 the	 fluid-structure	 interaction	 (FSI)	 between	 the	insulation	liquid,	the	active	part	and	the	tank	allows	pressure	waves	generated	by	the	movement	of	the	active	part	to	transmit	through	the	insulation	oil	to	the	tank	structure.		
In	 addition	 to	 acting	 as	 a	 transmission	 mechanism,	 the	 insulation	 fluid	 contained	within	a	transformer	significantly	 influences	the	assembly’s	frequency	response.	This	is	 due	 to	 the	 fluid’s	mass	 and	viscous	damping	 effects	 as	well	 as	 the	 bi-directional	coupling	between	the	fluid	and	the	structural	elements	of	a	transformer	[16,	17].	




In	 Ref.	 [19]	 the	 authors	 dismiss	 the	 notion	 that	 the	 tank	 has	 no	 effect	 on	 the	propagation	of	 noise.	 Instead,	 the	 authors	of	 Ref.	 [19]	 suggest	 that	 excessive	 noise	emissions	result	if	the	natural	frequency	of	the	tank	matches	the	oscillating	frequency	of	the	active	part,	resulting	 in	a	resonance	event.	This	understanding	 that	a	system’s	external	housing	can	amplify	noise	emissions	is	also	 in	accordance	with	gearbox	and	automobile	noise	studies,	such	as	those	presented	in	Refs.	[20-23].	
2.2 APPROACHES	FOR	THE	PREDICTION	OF	TRANSFORMER	NOISE	
There	 have	 been	 a	 series	 of	 past	 attempts	 to	 model	 the	 acoustic	 characteristics	 of	power	transformers.	The	majority	of	these	previous	studies	have	attempted	to	develop	parametric	 predictive	 models	 (i.e.	 statistical	 models	 formulated	 from	 experimental	data).	These	models	may	broadly	be	classified	into	two	categories:	
· Correlation	between	the	principal	parameters	of	a	transformer	and	noise	levels	
A	 number	 of	 studies	 have	 used	 measured	 data	 to	 develop	 acoustic	 prediction	models	 based	 on	 the	 principal	 parameters	 of	 a	 transformer,	 such	 as	 core	dimensions,	tank	dimensions	and	power	rating	(see	Refs.	[24-26]	as	examples).	
· Influence	of	material	properties	on	the	acoustic	emissions	of	a	transformer	The	 mechanical	 properties	 of	 specific	 materials	 and	 components	 within	 a	transformer	 and	how	 these	affect	sound	 radiation	 levels	have	been	 extensively	studied.	The	majority	of	research	in	this	area	has	focused	on	the	characteristics	of	the	magnetic	core	material	(see	Refs.	[27-29]	as	examples).	




Due	 to	 the	 limitations	 of	 statistical	 techniques,	 numerical	 methods	 have	 become	common	 in	 studying	 the	behaviour	 of	 transformers.	These	numerical	 investigations	have	developed	with	the	progress	of	high-powered	computing	and	other	technological	advances	 [31].	 The	 numerical	 techniques	 that	 may	 be	 employed	 to	 study	 a	transformer’s	 behaviour	 include	 the	 finite	 element	 method,	 the	 finite	 difference	method,	 the	boundary	element	method,	 and	 the	point	mirroring	method,	 to	name	 a	selected	few.	
Although	the	three	physical	fields	influencing	the	sound	radiated	by	a	transformer	are	able	 to	 be	 numerically	 modelled	 –	 namely	 the	 electromagnetic,	 mechanical	 and	acoustic	 fields	 –	 no	 study	 has	yet	 to	 detail	 a	 comprehensive	 calculation	 scheme	 to	determine	the	noise	emissions	of	a	transformer	under	nominal	operating	conditions.	However,	 numerical	 studies	 analysing	 the	 vibration	 characteristics	 of	 individual	components	and	key	structural	assemblies	within	a	transformer	have	been	conducted.	These	 numerical	 analyses	 have	 generally	 employed	 the	 finite	 element	 (FE)	methodology	[31].		
2.3 FINITE	ELEMENT	PREDICTION	OF	TRANSFORMER	NOISE	




The	first	of	the	following	subchapters	details	the	theoretical	basis	of	the	finite	element	methodology	 as	 employed	 in	ANSYS®	Mechanical.	 Specific	 topics	 relevant	 to	 the	FE	model	 presented	 in	 this	 thesis,	 such	 as	 fluid-structure	 interaction	 (FSI),	 are	 also	discussed.	 The	 subsequent	 subchapter	 then	 provides	 a	 review	 of	 relevant	 past	literature	 that	 has	 employed	 the	 finite	 element	 method	 in	 an	 attempt	 to	 predict	transformer	noise.		
2.3.1 THEORETICAL	BASIS		The	 finite	 element	method	 (FEM)	 is	 a	numerical	 technique	 for	 finding	 approximate	solutions	 to	 differential	 equations	 and	 is	 used	 in	 numerous	 fields	 of	 science	 and	engineering.	 The	 central	 notion	 behind	 FEM	 is	 to	 discretise	 a	 complex	 object	 into	components	of	simple	geometry	called	finite	elements.	Assembling	the	equations	that	describe	 each	 of	 the	 individual	 finite	 elements	 into	 a	 general	 system	 of	 equations	provides	for	a	detailed	mathematical	model	of	the	studied	object.	The	general	system	of	equations	can	then	be	solved	through	numerical	methods	to	obtain	an	approximate	overall	solution	to	the	mathematical	model	[32,	33].		
To	 predict	 the	 physical	 behaviour	 of	 systems	 and	 structures	 ANSYS®	 Mechanical	employs	 the	 d’Alembert	 principle	 [34].	 The	 principle	 is	 an	 interpretation	 of	 the	classical	 laws	of	motion	and	presents	an	alternative	 form	of	Newton’s	second	 law	of	motion.	The	advantage	of	utilising	d’Alembert’s	principle	is	that	a	problem	in	dynamics	may	be	reduced	to	a	problem	in	statics,	such	that:		
	 ܨ −݉ܽ = 0	 (2.1)	






As	 seen	 in	 Eqn.	 2.1,	 d’Alembert’s	 principle	 indicates	 that	 equilibrium	 may	 be	considered	to	result	under	the	action	of	a	real	force		ܨ	and	a	fictitious	force	−݉ܽ.	More	specifically,	the	d’Alembert	principle	states	that	the	sum	of	the	differences	between	the	forces	acting	on	a	system	of	mass	particles	(or	bodies)	and	the	time	derivatives	of	the	momenta	 of	 the	 system	 itself	 along	 any	 virtual	 displacement	 consistent	 with	 the	constraints	of	the	system	is	zero	[35]:	
	 ෍ (ܨ௜ −݉௜ܽ௜) ∙ ߜݎ௜
௜
= 0	 (2.2)	
Where:	 	 i	 denotes	a	particular	particle	(or	body)	in	the	system	
	 ߜݎ௜	 is	the	virtual	displacement	of	the	ith	particle	(or	body)	
It	is	the	equation	given	by	d’Alembert’s	principle	together	with	the	discretisation	of	a	continuous	 structure	 that	ANSYS®	Mechanical	 employs	 to	 solve	 structural	dynamics	problems.	The	result	 is	an	equation	of	motion	accounting	 for	 the	mass,	damping	and	stiffness	of	a	body,	which	is	given	by	[34]:	
	 [ܯ] ⋅ {̈ݑ} + [ܥ] ⋅ {̇ݑ} + [ܭ] ⋅ {ݑ} = {ܨ(ݐ)}	 (2.3)	
Where:			 [ܯ]		 is	the	structural	mass	matrix	
	 	 [ܥ]	 is	the	viscous	damping	matrix		
	 	 [ܭ]		 is	the	stiffness	matrix	 	
	 	 {̈ݑ}		 is	the	nodal	acceleration	vector	
	 	 {̇ݑ}	 is	the	nodal	velocity	vector	
	 	 {ݑ}	 is	the	nodal	displacement	vector	










The	dynamic	analyses	employed	in	this	thesis	to	determine	the	vibration	and	acoustic	characteristics	 of	 a	 power	 transformer	 are	 further	 described	 in	 the	 following	paragraphs.		
· Modal	Analysis	
A	modal	analysis	is	used	to	determine	the	vibration	characteristics	of	a	structure	through	 identifying	 natural	 frequencies	 and	 mode	 shapes.	 Therefore,	 the	 time	varying	 forces	 applied	 to	 the	 structure	 are	 taken	 as	zero	 and	Eqn.	2.3	may	 be	simplified	to:	
	 [ܯ] ⋅ {̈ݑ} + [ܥ] ⋅ {̇ݑ} + [ܭ] ⋅ {ݑ} = 0	 (2.4)	
In	a	mathematical	sense	the	computation	of	natural	frequencies	and	mode	shapes	is	equivalent	with	the	solution	of	an	eigenvalue	problem.		
Modal	Analysis	Transient	Analysis	 Harmonic	Analysis	





A	harmonic	response	analysis	is	employed	to	solve	structural	dynamics	problems	in	which	applied	cyclical	 loading	produces	a	sustained	cyclical	response.	Within	harmonic	 response	 analyses	 the	 applied	 loads	 and	 displacements	 vary	sinusoidally	with	 the	 same	known	 frequency	although	not	necessarily	 in	phase.	Eqn.	2.3	may	therefore	be	expressed	as:		
	 [ܯ] ⋅ {̈ݑ} + [ܥ] ⋅ {̇ݑ} + [ܭ] ⋅ {ݑ}= ൛ܨ௠௔௫ ∙ ݁௜(ఠ௧ାఝ)ൟ	 (2.5)	Where:		 	 ܨ௠௔௫ 	 is	the	amplitude	of	the	force	
	 	 	 ߱	 is	the	angular	frequency		
	 	 	 ߮		 is	the	phase	shift	of	the	force	
Although	not	employed	 in	this	thesis,	 it	 is	noted	that	a	transient	analysis	differs	from	a	harmonic	response	analysis	in	that	any	function	for	the	load	vector	may	be	specified.		




























	 ݌		 is	the	acoustic	pressure	[	݌ = 	݌(ݔ,ݕ, ݖ, ݐ)	]	
Q		 is	the	mass	source	in	the	continuity	equation	
t		 is	the	time	
As	 the	 viscous	 dissipation	 of	 energy	 has	 been	 taken	 into	 account	 using	 the	 Stokes	hypothesis1,	 the	 wave	 equation	 stated	 in	 Eqn.	 2.6	 is	 referred	 to	 as	 the	 lossy	 wave	equation	 for	 the	propagation	of	 sound	 in	 fluids.	The	discretized	 structural	 equation	defined	in	Eqn.	2.3	and	the	lossy	wave	equation	must	be	considered	simultaneously	in	FSI	 problems.	 The	 following	 paragraphs	 detail	 how	 the	 discretised	 fluid	 matrix	 is	derived	and	presents	the	coupled	fluid-structure	matrix	utilised	in	FSI	analyses.		












	݀ݒ + 	මߘψ ∙ ቆ 4ߤ3ߩ଴ଶܿଶ ߘ ߲݌߲ݐቇ
ఆ೑
݀ݒ








+ 4ߤ3ߩ଴ଶܿଶ ߲߲ݐቇ ො݊ ∙ ߘ݌݀ݏ
௰೑
	












Where:	 	 ݀ݒ		 is	the	volume	differential	of	acoustic	domain	Ω୤	 	
	 	 ݀ݏ		 is	the	surface	differential	of	acoustic	boundary	domain	߁௙	
	 	 ො݊	 is	the	outward	normal	unit	vector	to	the	boundary	Γ௙		
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The	definition	given	 in	Eqn.	2.11,	which	 contains	 the	 fluid	pressure	 ݌	 and	 the	 fluid	displacement	ݑ௙	as	the	dependent	variables,	can	be	discretised	and	notated	in	matrix	form.	The	generic	discretisation	process	of	a	weak	 form	 integral	 to	reach	the	matrix	formulation,	as	presented	in	Ref.	[38],	involves	the	following	process:	
i) Representation	of	 the	domain	of	 calculation	ܸ	by	 a	 set	of	 ݊	 finite	 elements	
ܸ௘	(݁ = 	1 … ݊);	ii) 	Approximation	of	the	solution	function	and	the	test	function	on	each	element	as	a	combination	of	the	corresponding	values	at	the	element	nodes,	weighted	by	a		shape	function	 ௜ܰ(ݔ):	
	




ψ௘(ݔ) = 	෍ ௜ܰ
௜
(ݔ)	ψ௜ 	 (2.13)	
Where	 	 ݑ௜(ݐ)	 are	nodal	variables	of	the	solution	function	
ψ௜	 are	nodal	variables	of	the	test	function	








ൣܯ௙൧	{݌̈௘} + ൣܥ௙൧{݌̇௘} + 	 ൣܭ௙൧{݌௘} + ̅ߩ଴[ܴ]்൛ݑ௙,௘ൟ = ൛ܨ௙ൟ	 (2.14)	
Where:	 	 ൣܯ௙൧ = ̅ߩ଴∭ ଵఘబ௖మ {ܰ}{ܰ}்݀ݒ	ஐ౜ 	 	 is	the	acoustic	fluid	mass	
	 	 	 	 	 	 	 	matrix	
	 	 ൣܥ௙൧ = ̅ߩ଴∭ ସఓଷఘబమ௖మ [∇N]்[∇N]	݀ݒ	ஐ౜ 		 is	the	acoustic	fluid		
	 	 	 	 	 	 	 damping	matrix	
	 	 ൣܭ௙൧ = ̅ߩ଴∭ ଵఘబ [∇N]்[∇N]	݀ݒ	ஐ౜ 	 	 is	the	acoustic	fluid	
	 	 	 	 	 	 	 stiffness	matrix	
[ܴ]் = 	∯ {ܰ}Γ೑ {݊}்{ܰ′}்	݀ݏ		 	 is	the	acoustic	fluid	
	 	 	 	 	 	 	boundary	matrix	
.൛ܨ௙ൟ = 	 ̅ߩ଴∭ ଵఘబ௖మ {ܰ}{ܰ}்݀ݒ	ஐ౜ {q̇}	




















݌̈ൠ + ൤ܥ௦ 00 ܥ௙൨ ൜̇ݑ݌̇ൠ + ൤ܭ௦ −ܴ0 ܭ௙ ൨ ቄݑ݌ቅ = ൜ܨ௦ܨிൠ	 	(2.15)	
Where:			 s		 denotes	the	properties	of	a	solid	structure	
	 	 f		 denotes	the	properties	of	a	fluid	
The	extra	diagonal	term	–ܴ	of	the	stiffness	matrix	 in	Eqn.	2.15	transfers	the	affect	of	the	fluid	pressure	to	the	coupled	solid	structure	while	the	extra	diagonal	term	ߩ଴்ܴ	of	the	mass	matrix	represents	 the	affect	of	 the	structure’s	 inertial	 forces	on	 the	second	derivative	of	the	fluid	pressure.	The	bi-directional	coupling	in	FSI	analyses,	as	given	by	Eqn.	2.15,	therefore	requires	a	single	layer	of	finite	elements	at	the	interface	between	the	 fluid	 and	 structural	 fields	 that	have	 both	pressure	 and	displacement	degrees	of	freedom.	




To	 reduce	computational	 requirements,	under	 the	 assumptions	of	 a	 linear	harmonic	analysis	a	symmetric	matrix	formulation	for	FSI	problems	may	be	achieved.	For	linear	harmonic	analyses	Eqn.	2.15	can	be	reduced	to	an	expression	without	differentials	as,		
	
ቈ
−߱ଶܯ௦ + ݅߱ܥ௦ + ܭ௦ −ܴ
−߱ଶߩ଴ܴ
் −߱ଶܯ௙ + ݅߱ܥ௙ + ܭ௙቉ ቄݑ݌ቅ = 	 ൜ܨ௦ܨ௙ൠ	 	(2.16)	
A	 symmetrical	 formulation	 of	 Eqn.	 2.16	 may	 then	 be	 accomplished	 by	 defining	 a	transformation	variable	for	the	nodal	pressures	such	that,		




















Eqn.	2.18	presents	a	symmetric	fluid-structure	matrix	formulation	that	can	be	inverted	and	 solved	 for	 the	 vectors	 of	 the	 structural	 nodal	 displacements	 ݑ	 and	 the	transformation	 variable	 for	 nodal	 pressures	ݍ,	 faster	 than	 the	 unsymmetric	formulation	in	Eqn.	2.15.	The	nodal	pressures	݌	can	then	be	calculated	using	Eqn.	2.17.	




2.3.1.2				Numerical	Error	Associated	with	the	Finite	Element	Method	As	 a	 numerical	 technique,	 the	 finite	 element	method	provides	 only	 an	 approximate	solution	rather	than	an	exact	answer.	The	two	primarly	types	of	errors	associated	with	finite	element	analyses	are	modelling	and	discretisation	errors.	The	former	arises	from	an	incorrect	decription	of	the	boundary	value	problem	–	being	geometric	and	material	properties,	 loading,	 applied	 boundary	 conditions	 and	 the	 analysis	 type.	 The	 latter	arises	 from	 the	 creation	of	 the	mesh.	Numerical	 errors,	which	 arise	 from	 the	use	of	numerical	methods,	may	also	be	significant	if	the	model	is	ill-conditioned	or	if	there	is	
a	lack	of	computing	power.	
2.3.2 PAST	FINITE	ELEMENT	STUDIES	OF	TRANSFORMER	NOISE	There	have	been	a	series	of	past	investigations	employing	the	finite	element	method	to	studying	 the	 vibration	 characteristics	 of	 individual	 transformer	 components.	 These	studies	have	considered	the	structural	response	of	the	windings	[40-42],	the	core	[42-44],	 the	 active	 part	 (i.e.	 the	 core	 and	 the	 windings)	 [30,	 45],	 and	 the	 tank	 [46].	However,	the	limited	scope	of	the	aforementioned	analyses	and	the	absence	of	acoustic	elements	 limit	 their	 ability	 to	 qualitatively	 or	 quantitatively	 predict	 the	 noise	emissions	of	a	transformer.		






Ref.	 [3]	 is	 the	 earliest	 study	which	has	 employed	 a	vibro-acoustic	FE	model	 to	determine	a	power	transformer’s	noise	emissions.	Much	of	this	paper	focuses	on	the	theoretical	basis	and	governing	equations	behind	 the	physical	 fields.	 In	this	sense	the	work	presented	in	Ref.	[3]	is	an	application	of	the	preceding	theoretical	papers	published	by	the	contributing	authors	(see	Refs.	[47,	48]).	
The	principal	shortcoming	of	the	vibro-acoustic	model	presented	in	Ref.	[3]	is	the	omission	of	 the	 transformer	core.	This	has	 led	 to	numerous	 simplifications	and	assumptions,	which	prevent	the	model	 from	predicting	 a	transformer’s	acoustic	emissions	under	nominal	operating	conditions.	Limitations	of	the	vibro-acoustic	model	presented	in	Ref.	[3]	include:	
- The	vibration	characteristics	of	the	transformer	core,	which	are	noted	in	Refs.	[7,	28,	44,	49-51]	to	significantly	affect	the	overall	sound	pressure	level	of	a	transformer,	are	overlooked;		
- Only	the	acoustic	emissions	at	double	the	line	frequency	are	considered,	being	 those	 at	 100	 Hz	 in	 the	 study	 conducted	 in	 Ref.	 [3].	 This	 is	 a	simplification	 that	 does	 not	 hold	 true	 in	 reality	 due	 to	 the	 significant	sound	 emissions	 from	 a	 transformer	 at	 even	 harmonics	 of	 the	 line	frequency	[10,	15,	52];	and	








a	thesis	published	by	the	KTH	Royal	Institute	of	Technology.	The	investigation	in	Ref.	[4]	appears	to	be	carried	out	on	the	same	FE	model	presented	in	Refs.	[3,	53].	As	 such,	 the	principal	 limitation	of	 the	 study	 in	Ref.	 [4]	 is	 the	omission	of	 the	transformer	 core.	 This	 leads	 to	 identical	 shortcomings	 noted	 of	 the	 preceding	works,	 including	 assumptions	 that	 have	 not	 been	 validated	 and	 only	 the	prediction	of	 the	 coil	 emitted	noise	at	 a	 single	point	on	 the	acoustic	 frequency	spectrum.	The	study	in	Ref.	[4]	is	also	published	in	Ref.	[54],	





Experimental	Modal	Analysis	 (EMA)	 is	 the	process	of	 experimentally	 extracting	 the	vibration	 characteristics	 of	 a	 structure,	 being	 the	 natural	 frequencies,	 mode	 shapes	and	modal	damping.	The	purpose	of	 the	EMA	 results	presented	 in	 this	 thesis	are	 to	correlate	 a	 transformer’s	 measured	 vibration	 response	 to	 that	 simulated	 through	numerical	methods.	The	validated	numerical	modal	may	then	be	used	to:	
· Predict	the	response	of	the	structure	with	complex	excitation	forces	applied;		
· Provide	response	 information	at	points	where	physical	measurements	were	not	taken;	and		
· Analyse	how	 the	vibro-acoustic	 characteristics	of	 a	 transformer	 are	 affected	by	modifications	to	key	structural	elements.	
Within	this	thesis	the	fast	Fourier	transforms	(FFTs)	of	the	impulse	response	data	(i.e.	frequency	 response	 functions),	which	 are	 the	basis	of	EMA,	have	been	provided	by	Siemens	AG	Austria,	Transformers	Weiz	and	were	accepted	as	a	starting	point	for	this	investigation.	The	design	of	the	experiments	and	the	measurement	choices	therefore	did	not	form	part	of	this	thesis.	Furthermore,	Siemens	AG	Austria,	Transformers	Weiz	had	 previously	 analysed	 the	EMA	data	 to	determine	 the	 mode	 shapes	 and	 natural	frequencies	of	 the	 transformer	 studied	 in	 this	 thesis.	 As	 such,	 only	 the	 theoretical	basis	of	 EMA	 and	modal	 damping	 extraction	 are	 further	 discussed	 in	 this	 chapter.	Methods	to	correlate	EMA	results	to	numerical	modal	predictions	are	also	presented.	




2.4.1 THEORETICAL	BASIS		The	basis	 for	experimentally	determining	 the	vibration	characteristics	of	 a	system	 is	the	 frequency	 response	 function	 (FRF).	 The	 function,	 defined	 as	 the	 ratio	 of	 the	Fourier-transformed	response	to	the	Fourier-transformed	input	force,	allows	the	bias	of	 the	 force	 spectral	 distribution	 to	 be	 removed	 from	 the	 response	 measurement;	therefore	describing	the	unbiased	structural	response	of	a	system	[55].	To	 introduce	modal	parameter	 extraction	methods	 and	 numerical	model	 validation	 techniques,	 a	derivation	of	the	FRF	assuming	viscous	damping	 is	provided.	The	derivation	is	based	on	that	provided	in	Ref.	[56].		
The	equation	of	motion	 for	 a	discrete	 linear	system	 (or	 a	system	 in	which	 the	 finite	element	approach	has	been	applied	such	that	the	response	is	considered	at	a	series	of	discrete	 locations)	 has	 been	 notated	 in	 Eqn.	 2.3.	 Considering	 the	 case	 where	 the	structure	is	excited	sinusoidally	by	a	set	of	forces	all	at	the	same	frequency,	ω,	but	with	various	amplitudes	and	phases,	such	that:	
	 {ܨ(ݐ)} = {F}	݁௜ఠ௧	 (2.19)	
and	assuming	that	a	solution	exits	in	the	form:	
	 {ݑ(ݐ)} = {U}	݁௜ఠ௧	 (2.20)	
Where:	 	 {F}	 is	the	force	applied	at	each	degree	of	freedom	in	the	system	
	 	 {U}	 is	the	resultant	displacement	at	each	degree	of	freedom	in	the
	 	 	 system	
	 	 {F},	{U}	 are	ܰ	 × 	1	vectors	of	the	time-dependent	complex		
	 	 	 amplitudes	





	 ([K] + ݅߱[C] −	߱ଶ[ܯ]){ܷ}	݁௜ఠ௧ = {ܨ}	݁௜ఠ௧	 (2.21)	
or,	rearranging	to	solve	for	the	unknown	responses,	
	 {ܷ} = 	 ([K] + ݅߱[C] −	߱ଶ[ܯ])ିଵ	{F}	 (2.22)	
which	may	be	expressed	as,	
	 {ܷ} = 	 [H(߱)]	{F}	 (2.23)	
Where:	 												[H(߱)]	 is	the	ܰ	 × 	ܰ		frequency	response	matrix	for	the	system	
	 	 	 and	constitutes	its	modal	response	
The	 general	 element	 in	 the	 frequency	 response	 matrix	 h୨୩(߱),	 defined	 as	 the	displacement	 at	 coordinate	 ݆	 due	 to	 a	 single	 harmonic	 excitation	 force	 applied	 at	coordinate	݇	with	a	frequency	of	߱,	is	notated	as	follows:	
	 h୨୩(߱) = {U}୨{F}୩	 (2.24)	
Before	preceding	with	the	deviation	of	the	FRF	and	relating	the	modal	parameters	to	the	system	matrices	it	is	important	to	note	that	the	modal	model	possess	orthogonality	properties.	These	properties	may	be	stated	as,		
	 [ߖ]୘[M][ߖ] = 	 ൣ m୰╲╲ ൧		 (2.25)	
and,	 [ߖ]୘[K][ߖ] = 	 ൣ k୰╲╲ ൧		 (2.26)	
Where:			 [ߖ]	 is	the	generalised	eigenvector	matrix	
	 												ൣ m୰╲╲ ൧	 is	the	modal	or	generalised	mass	matrix	






	 [Φ]୘[ܯ][Φ] = [I]	 (2.27)	
	and	therefore,	 [Φ]୘[ܭ][Φ] = ቂ ߱௥ଶ╲╲ ቃ	 (2.28)	
Where:			 [I]		 is	the	identity	matrix	
	 											ቂ ߱௥ଶ╲
╲ ቃ	 is	comprised	of	eigenvalues	߱ ଵ	to	߱ே .	




	 [H(߱)]ିଵ = ([K] + ݅߱[C] −	߱ଶ[ܯ])	 (2.29)	
Premultiplying	the	above	definition	by	[Φ]୘ 	and	postmultiplying	both	sides	by	[Φ],	
	 [Φ]୘[H(߱)]ିଵ[Φ] = [Φ]୘([K] + ݅߱[C] −	߱ଶ[ܯ])[Φ]	 (2.30)	
and	 assuming	 proportional	 damping	 in	 the	 form	 [C] = α[M] + β[K]	 (i.e.	 Rayleigh	damping),	Eqn.	2.29	may	be	notated	as:	
	 [Φ]୘[H(߱)]ିଵ[Φ] = [߱௥ଶ] + ݅߱൫α[I] + β[ ௥߱ଶ]൯ − ߱ଶ	 (2.31)	
Where:	 	 ߙ		 is	the	mass-proportional	damping	coefficient		





	 ([Φ]୘[H(߱)]ିଵ[Φ])௥೟೓ 	௜௧௘௠ = ߱௥ଶ + 2݅߱௥߱ߞ௥ 	− ߱ଶ	 (2.32)	
Where:	 	 ߞ௥ 	 is	the	modal	damping	ratio	of	the	ݎ௧௛mode,	defined	as,	 	
	
ߞ௥ = 12 	൬ ߙ߱௥ + β ௥߱൰	 (2.33)	
As	 the	 mass-normalised	 eigenvector	 matrix	 [Φ]	 has	 orthogonality	 properties	 with	respect	 to	 the	 mass,	 stiffness	 and	 viscous	 damping	 matrices,	 it	 can	 be	 noted	 that	[Φ]୘ = 	 [Φ]ିଵ.	Therefore,	the	frequency	response	matrix	[H(߱)]	can	be	related	to	the	modal	frequency,	mode	shapes	and	damping	as,		
	 [H(߱)] = 	 [Φ] ൦⋱ 1





ℎ௝௞(߱) = 	 {U}୨{F}୩ = ෍ 	߶௝௥ 	߶௞௥߱௥ଶ + ݅2߱௥߱ߞ௥ −߱ଶே௥ୀଵ 	 (2.35)	
Where:	 	 ߶௝௥ 	 is	the	݆௧௛ 	element	of	the	ݎ௧௛	einvector	{߶}௥ 		 	
	 	 	 (i.e.	the	relative	displacement	at	that	point	during	 	
	 	 	 	vibration	in	the	ݎ௧௛	mode)	




The	 expression	 in	 Eqn.	 2.35	 has	 defined	 the	 receptance	 FRF	 ℎ௝௞(߱)	 as	 the	 ratio	between	the	harmonic	displacement	response	and	 the	harmonic	 force.	Similarly,	 the	acceleration	 ܽ(ݐ) = 	 ̈ݑ(ݐ)	 can	 be	 used	 as	 the	 response	 parameter,	 noting	 that	 it	 is	customary	to	measure	acceleration	during	experimental	testing.	In	this	 form	the	FRF	h୨୩(߱)	would	be	given	as,	
	









· Hilbert	Envelop	Method	(HEM)	The	 smooth	 curve	 outlining	 the	 amplitude	 of	 a	 rapidly	 oscillating	 signal	 that	varies	gradually	with	time	is	referred	to	as	the	signal’s	envelope.	The	envelope	is	an	important	characteristic	of	a	time-domain	signal	as	it	allows	the	instantaneous	attributes	of	the	series	to	be	determined.	By	utilizing	the	Hilbert	transform,	which	provides	an	analytic	 signal	 from	 a	real	data	sequence,	 the	rapid	oscillation	of	 a	signal	can	be	removed.	A	representation	of	the	data	sequence’s	envelope	 is	thus	constructed.		
The	Hilbert	transform	is	employed	to	compute	a	time	signal	ℎ෨(ݐ)	from	the	original	time	signal	ℎ(ݐ),	where	ℎ෨(ݐ)	retains	the	amplitudes	of	spectral	components	but	the	phases	are	altered	by	ߨ/2	such	that:	
	 ℎ(ݐ) = ܣ݁ି఍௧ sin߱௡ݐ	 (2.37)	
	 ℎ෨(ݐ) = −ܣ݁ି఍௧ cos߱௡ݐ	 (2.38)	Where:		 	 ܣ		 is	the	amplitude	of	the	complex	exponential	





หℎ෠(ݐ)ห = 	 ටℎ(ݐ) + ݅	ℎ෨(ݐ)	 (2.39)	




From	Eqn.	2.40	 it	can	be	determined	that	the	 logarithm	of	 the	Hilbert	envelope	gives	 a	 first	 order	 polynomial	 whose	 slope	 is	 the	 negative	 of	 the	 damping	coefficient.	This	may	be	expressed	as:	
	 ߞ = − log	൫หℎ෠(ݐ)ห ܣ⁄ ൯ ߱௡⁄ 	 (2.41)	
Figure	2-3	shows	the	impulse	response	of	an	SDOF	system	and	how	its	envelope	can	be	obtained	by	means	of	a	Hilbert	transform.		
Figure	2-3		 Envelope	 computation	 of	 the	 impulse-response	 function	 with	
use	of	the	Hilbert	transform	[58]		




The	description	of	the	HEM	provided	so	 far	 in	this	chapter	applies	only	to	SDOF	systems.	When	applying	the	HEM	 to	MDOF	systems,	 individual	resonance	peaks	are	bandpass	 filtered	 in	a	signal’s	 frequency	domain	and	inverse	transformed	to	give	 the	 equivalent	 SDOF	 impulse	 response	 function	 [57].	 The	 HEM	 is	 then	applied	as	previously	discussed.	Of	note	is	that	the	HEM	may	provide	inaccurate	modal	damping	ratio	 estimates	when	 structures	have	high	modal	densities	and	therefore	exhibit	heavily	coupled	modes.	
2.4.3 CORRELATION	OF	EXPERIMENTAL	AND	NUMERICAL	MODAL	
RESULTS			The	primary	application	of	EMA	results	 in	 this	 thesis	 is	to	validate	 the	employed	FE	computation	 methodology.	 In	 practice,	 the	 accuracy	 of	 a	 FE	 model	 is	 limited	 by	uncertainties	relating	to	geometric	and	material	properties,	boundary	conditions	and	loading	applied	to	the	model.	Reliable	vibration	and	acoustic	predictions	can	therefore	only	be	made	if	the	numerical	model	is	validated	with	experimental	results.		




· Natural	frequency	correlation		The	simplest	and	most	frequently	employed	approach	to	correlate	two	modal	models	 is	 through	 the	 direct	 comparison	 of	 natural	 frequencies.	 If	 the	experimental	 values	 and	 the	numerical	 results	 lie	 on	 a	 straight	 line	with	 a	gradient	 of	 one	 when	 plotted	 against	 each	 other	 the	 data	 is	 perfectly	correlated.	A	percentage	difference	between	the	experimental	and	numerical	modes	can	also	be	defined	as:	
	
ϵఠೕ = 	߱௡௨ೕ −߱௘௫ೕ߱௡௨ೕ 	× 100	 	(2.42)	
Where:	 	 ϵఠೕ	 is	 the	 error	 percentage	 between	 experimental	 and	
	 	 	 	 numerical	natural	frequencies	at	mode	݆	
	 	 ߱௡௠ೕ 	 is	the	numerical		natural	frequency	at	mode	݆	




· Direct	mode	shape	correlation	In	 addition	 to	 comparing	 natural	 frequencies,	 mode	 shapes	 may	 also	 be	directly	 compared	 by	 plotting	 numerical	 modes	 against	 those	 determined	experimentally.	The	modal	scale	 factor	(MSF)	allows	 for	modal	vectors	to	be	compared	 and	 contrasted	 by	 normalising	 all	 estimates	 of	 the	 same	 modal	vector,	 taking	 into	 account	 magnitude	 and	 phase	 differences.	 Once	 two	different	modal	vector	estimates	are	scaled	similarly,	elements	of	each	vector	can	be	averaged,	differentiated,	or	sorted	to	provide	an	indication	of	the	error	vector	 superimposed	 on	 the	 modal	 vector	 [60].	 The	 modal	 scale	 factor	 is	defined	as:	
	
ܯܵܨ(߶௡௨ ,߶௘௫) = 	 {߶௡௨}்{߶௘௫}∗{߶௡௨}்{߶௘௫}∗	 	(2.43)	
Where:	 	 ߶௡௨ 	 is	the	numerically	determined	mode	shape	
	 	 ߶௘௫	 is	the	experimentally	determined	mode	shape	
	 	 {	}∗	 denotes	an	complex	conjugate	column	vector	




· The	Modal	Assurance	Criterion	The	function	of	the	Modal	Assurance	Criterion	(MAC)	is	to	provide	a	measure	of	 consistency	 (i.e.	 the	 degree	 of	 linearity	 between	 estimates	 of	 a	 modal	vector)	 [61].	 It	 is	 one	 of	 the	 most	 popular	 tools	 for	 the	 quantitative	comparison	of	modal	vectors.	The	MAC	 is	 calculated	as	 a	normalised	 scalar	product	of	the	two	sets	of	vectors	{߶௡௨}	and	{߶௘௫}	as	follows:	
	
ܯܣܥ௝௞ = 	 ห{߶௡௨}௝்{߶௡௨}௞∗ หଶ൫{߶௡௨}௝்{߶௡௨}௝∗൯({߶௘௫}௞்{߶௘௫}௞∗ )		 	(2.44)	
A	 MAC	 value	 of	 one	 indicates	 that	 the	 two	 modes	 are	 perfectly	 correlated	while	a	value	of	zero	indicates	that	there	is	no	correlation	at	all.			
· Frequency	response	function	correlation	In	addition	to	contrasting	modal	parameters,	a	direct	comparison	of	FRFs	may	be	 conducted	 to	 determine	 the	 correlation	 between	 numerically	 and	experimentally	 determined	 data.	 To	 compare	 numerical	 and	 experimental	transfer	 functions	 a	 visual	 inspection	 is	 often	 sufficient	 to	 determine	agreement.	 Additionally,	 employing	 the	Euclidean	 norm	 of	 the	FRF	 vectors	measured	 at	 discrete	 frequencies	 allows	 for	 an	 error	 indication	 to	 be	computed	as	[62]:		
	











	 	 ߱஺	 is	the	frequency	at	which	{ܪ஺}	is	calculated	
߱௑	 is	the	frequency	at	which	the	FRF	was	 	
	 	measured	experimentally	







































































The	 transformer	 analysed	 within	 this	 thesis	 is	 a	 single-phase,	 special	 purpose	transformer.	 A	 single-phase	 unit	 has	 been	 studied	 to	 simplify	 the	 electro-magnetic	loading	conditions	applied	to	the	model,	whereby	reducing	a	potential	error	source	in	the	 numerical	 model.	 It	 is	 anticipated	 that	 simulating	 a	 three-phase	 transformer,	provided	 that	 the	 loading	conditions	of	 the	model	are	accurately	 calculated,	will	not	affect	the	validity	of	the	vibro-acoustic	modelling	methodology	presented	in	this	thesis.	






Due	to	the	sensitive	commercial	nature	of	the	data	presented	 in	this	thesis,	 including	vibration	 characteristics	 and	 sound	 pressure	 measurements,	 the	 exact	 technical	specifications	 of	 the	 transformer	 will	 not	 be	 stated.	 However,	 the	 basic	 geometric	parameters	of	the	transformer	are	given	in	Table	3-1.		
Table	3-1		 Geometric	parameters	of	the	transformer	
Part	






· Ø௪௜௡ௗ௜௡௚ 	=	1.6	 28,	000	Radiators		 -	 5,	500	Conservator	 -	 1,	500	Bushings		 -	 1,	400	Insulation	fluid	 -	 18,	000	
	





Feature	Type	 Simplification	Methodology	Fasteners	 The	fasteners	connecting	bodies,	i.e.	bolts,	nuts	and	screws,	have	been	suppressed	when	simplifying	the	CAD	model.	The	connection	between	bodies	and	components	connected	with	fasteners	has	been	considered	as	a	bonded	contact.	Surfaces	held	together	with	adhesives	or	surfaces	welded	together	have	also	been	considered	as	exhibiting	the	characteristics	of	a	bonded	contact.		Holes		 Holes,	such	as	those	created	for	the	bolted	connections,	have	been	filled.	Holes	that	were	filled	have	a	diameter	of	less	than	20	mm	and	are	not	in	proximity	to	boundary	conditions	or	applied	loads.	Chamfers		 Chamfers	not	in	proximity	to	boundary	conditions	or	applied	loads	and	with	an	edge	length	of	less	than	20	mm	have	been	suppressed	in	the	model.			Rounds	 Rounds	not	in	proximity	to	boundary	conditions	or	applied	loads	and	with	a	radius	of	less	than	5	mm	have	been	suppressed	in	the	model.			
	
3.2 MODELLING	OF	THE	TANK	
There	 are	 several	 reasons	 for	 modelling	 the	 tank	 of	 the	 transformer.	 The	 most	significant	of	these	is	the	need	to	identify	the	situations	where	vibrations	propagating	from	the	active	part	excite	a	natural	frequency	of	the	tank	structure.	At	these	inherent	natural	 frequencies	 the	 tank	can	amplify	 the	vibrations	propagating	 from	 the	active	part.	This	phenomenon,	referred	to	as	a	resonance,	results	in	elevated	sound	radiation	levels.	
















Within	 the	 finite	element	model	the	connections	between	 the	 tank,	the	bushings,	the	conservator	and	the	auxiliary	equipment	have	been	modelled	as	bonded	contacts.	The	bonded	contacts	replicate	the	fasteners	and	welded	joints	that	connect	these	structural	elements.	To	 replicate	 the	 test	 setup	of	 the	 transformer	an	elastic	support	has	been	modelled	on	 the	base	of	 the	 transformer	 tank.	The	value	of	 the	elastic	 support	was	calculated	 from	 the	 mechanical	 properties	 and	 dimensions	 of	 the	 rubber	 mat	positioned	under	the	transformer	during	testing.		
3.3 MODELLING	OF	THE	ACTIVE	PART	






As	seen	in	Figure	3-4,	a	significant	focus	of	the	modelling	procedure	employed	in	this	thesis	has	been	to	incorporate	all	key	structural	elements	into	the	finite	element	model	of	 the	 active	 part.	 Creating	 such	 a	 detailed	 model,	 whereby	 all	 components	 that	comprise	 the	 active	part	are	mechanically	 coupled,	has	negated	 the	use	of	 fictitious	spring	elements	or	other	 constraints3.	Although	not	 illustrated	 in	Figure	3-4,	 it	 is	of	note	that	the	active	part	is	also	directly	coupled	to	the	base	of	the	tank.		
Within	the	numerical	model	of	the	active	part	fasteners	have	been	suppressed	and	the	connections	between	components	held	together	with	fasteners	or	adhesives	have	been	modelled	as	bonded	contacts.	Furthermore,	bonded	contacts	have	been	used	between	the	windings,	the	press	rings	and	the	press	plates.	The	bonded	contact	between	these	aforementioned	elements	replicates	the	rigid	clamping	system	that	maintains	pressure	on	the	winding	assembly	over	the	life	of	the	transformer4.		
Several	materials	and	components	within	the	active	part	assembly	display	anisotropic	mechanical	 behaviour	 (i.e.	 they	 exhibit	 directionally	 dependent	 mechanical	properties).	To	 accurately	account	 for	 the	 structural	 response	of	 the	active	part	 the	anisotropic	 material	 properties	 of	 these	 parts	 have	 been	 accounted	 for	 in	 the	 FE	model.	The	anisotropic	materials	and	 components	within	 the	active	part	are	 further	described	in	the	following	paragraphs.	




· Winding	block	assembly	Transformer	windings	are	manufactured	from	paper	insulated	copper	conductors	and	 pressboard	 spacers.	 Depending	 on	 the	 specifications	 of	 the	 unit	 and	manufacturer	preferences,	these	conductors	may	be	in	the	form	of	individual	strip	conductors,	 bunched	 conductors	 or	 continuously	 transposed	 cable	 conductors.	The	complexity	of	the	windings	makes	accurate	geometric	modelling	impractical.	Therefore,	 within	 this	 study	 the	 winding	 block	 has	 been	 considered	 as	 a	homogeneous	body.		
The	 mechanical	 properties	 of	 the	 homogeneous	 winding	 block	 have	 been	determined	 from	 measurements	 relating	 the	 deflection	 of	 the	 winding	 to	 the	forces	applied	during	the	assembly	process.		These	measurements	were	provided	by	Siemens	AG	Austria,	Transformers	Weiz.	From	this	data	the	elastic	modulus	of	the	windings	 in	the	pressing	plane	has	been	determined.	In	the	radial	plane	the	windings	were	assumed	to	have	an	elastic	modulus	equal	to	that	of	copper.		




· Clamping	rings	Clamping	rings	are	an	integral	component	of	a	transformer’s	active	part,	designed	to	prevent	the	windings	from	sustaining	permanent	distortion	or	damage	during	short-circuit	events.	The	clamping	rings	of	the	unit	analysed	 in	this	 thesis	were	produced	 from	 densified	 cellulous	 pressboard	 layers	 and	 adhesive.	 This	construction	 results	 in	 weaker	 mechanical	 properties	 in	 the	 radial	 plane.	 The	anisotropic	material	properties	of	this	production	method	have	been	determined	by	Siemens	AG	Austria,	Transformers	Weiz	through	experimental	measurements.		
3.4 ACOUSTIC	BODIES	AND	FLUID-STRUCTURE	INTERACTION	
The	oil	within	a	transformer	 is	vital	 to	 its	effective	operation,	especially	so	 in	 larger	units.	This	is	due	to	the	dual	roles	that	the	fluid	performs,	acting	as	a	coolant	and	as	an	insulator.	The	energy	 losses	of	a	transformer	manifest	 themselves	primarily	as	heat,	and	 efficient	 cooling	 is	 therefore	 required	 in	order	 to	 limit	 the	maximum	operating	temperature.	 Furthermore,	 the	oil	 helps	 to	 insulate	 components	 of	 the	 transformer	assembly	 that	 are	 at	 different	 electrical	 potentials	 from	 one	 another.	 Through	 the	impregnation	of	various	porous	components	the	oil	also	adds	to	the	efficiency	of	solid	insulation.	




In	addition	 to	the	acoustic	domain	representing	 the	 insulation	oil,	 the	 finite	element	prediction	of	sound	radiation	has	required	the	oscillations	of	the	transformer	tank	to	be	 applied	 to	 an	 external	 acoustic	 body.	 Specifically,	 the	 nodal	 velocities	 from	 the	transformer’s	external	surfaces,	which	resulted	 from	excitation	of	 the	 finite	element	model,	have	been	interpolated	and	mapped	to	an	acoustic	mesh.	Figure	3-5	illustrates	the	nodal	velocity	vectors	of	the	transformer	tank.	The	forces	applied	to	excite	the	FE	model,	replicating	the	electromagnetic	and	magnetostrictive	 forces	in	the	active	part,	are	further	described	in	Chapter	3.7.		
Figure	3-5	 Nodal	velocity	vectors	mapped	to	the	acoustic	body	surrounding		
	 	 the	transformer	tank		




The	acoustic	finite	element	domain	surrounding	the	transformer	has	been	modelled	to	geometrically	 and	 physically	 replicate	 the	 transformer’s	 environs.	 Specifically,	 the	acoustic	body	aims	to	reproduce	the	test	laboratory	 in	which	the	experimental	noise	measurements	of	the	unit	were	obtained.	Fluid221	elements	were	used	to	model	the	external	acoustic	body	surrounding	the	transformer.	
3.5 EXCITATION	MECHANISMS	
The	electromagnetic	and	magnetostrictive	forces	that	act	of	a	transformer’s	active	part	have	 been	 extensively	 studied.	 Detailed	 mathematical	 descriptions	 and	 calculation	procedures	of	these	forces	are	found	in	many	textbooks,	with	Refs.	[7,	64,	65]	being	a	selected	few.	Therefore,	comprehensive	mathematical	formulations	and	calculations	of	the	electromagnetic	 and	magnetostrictive	 forces	will	not	be	presented	 in	 this	 thesis.	Instead	this	chapter	will	focus	on	the	characteristics	of	the	excitation	mechanisms	in	a	transformer’s	 active	 part	 and	 how	 these	 characteristics	 influence	 the	 acoustic	behaviour	of	a	transformer.		




3.5.1 EXCITATION	MECHANISMS	IN	THE	CORE	The	vibrations	of	 the	 core,	which	produce	acoustic	emissions	referred	 to	as	no-load	transformer	noise,	result	from	alternating	 flux	 in	the	active	part.	The	alternating	flux	causes	magnetostrictive	forces	in	the	ferromagnetic	core	sheets	and	Maxwell	forces	at	corner	 joints	 and	 air-gaps.	 The	 amplitudes	 of	 these	 magnetic	 and	magnetostrictive	forces	 are	 dependent	 on	 both	 the	 flux	 density	 in	 the	 core	 sheets	 and	 the	 material	properties	of	the	magnetic	core	steel.	Further	descriptions	of	these	two	 forces	acting	on	the	transformer	core	are	given	as	follows:	




	ර ൬ܤ(ܤ	݊) − 12ܤ2݊൰݀ܣ
஺
	 (3.1)	
Where:		 	 ߤ଴		 is	magnetic	constant	permeability	of	free	space		
	 	 ܤ		 is	the	magnetic	flux	density	flowing	through	the		
	 	 	 	 closed	surface	area	A
	 	 ݊		 is	a	unit	vector	normal	to	surface	A	
	 	 ݀ܣ		 is	the	area	differential	of	the	closed	surface	area	A	




From	Eqn.	3.1	it	can	be	determined	that	the	Maxwell	forces	act	predominantly	at	twice	 the	power	 frequency.	This	 is	 due	 to	 the	 forces	 being	proportional	 to	 the	squared	magnetic	 flux	 density	 in	 the	 core	 sheets.	Therefore,	assuming	 that	 the	structural	response	of	a	transformer	is	linear,	the	sound	radiation	resulting	from	Maxwell	forces	in	the	core	is	dominant	at	twice	the	network	frequency.	
· Magnetostrictive	strain	Magnetostriction	 refers	 to	 the	change	 in	 the	dimensions	of	 a	magnetic	material	when	it	is	subjected	to	a	magnetic	field.	The	dimensional	change	results	from	the	rotation	of	uniform	magnetic	domains	–	regions	within	a	magnetic	material	that	have	 uniform	 magnetisation	 –	 under	 an	 applied	 magnetic	 field.	 Within	 a	transformer	core	the	magnetostrictive	strain	reaches	saturation	twice	per	cycle	of	the	network	frequency	[6].	











3.5.2 	ELECTROMAGNETIC	FORCES	IN	THE	WINDINGS	The	electromagnetic	 excitation	of	 a	 transformer’s	windings,	which	produce	acoustic	emissions	referred	to	as	 load	noise,	results	from	the	 interaction	between	the	current	carrying	 winding	 loops	 and	 the	 magnetic	 stray	 flux.	 These	 forces,	 referred	 to	 as	Lorentz	 forces,	 are	 determined	 by	 the	 current	 amplitude	 and	 the	magnitude	 of	 the	magnetic	stray	flux	at	the	winding	location	such	that:	
	 ܨ = ܬ	 × ܤ	 (3.2)	
Where:			 ܨ		 is	the	Lorentz	force	
	 	 ܬ		 is	the	electric	current	density
	 	 ܤ		 is	the	magnetic	flux	density





MECHANISMS	From	 the	 preceding	 descriptions	 of	 the	 excitation	 mechanisms	 in	 a	 transformer’s	active	part	it	can	be	summarised	that:	
· The	 Maxwell	 forces	 in	 the	 core	 and	 the	 Lorentz	 forces	 in	 the	 windings	 act	predominantly	at	twice	the	line	frequency;	and	
· The	non-linear	 characteristics	of	 the	magnetostrictive	 strain	 in	 a	 transformer’s	core	 results	 in	 significant	mechanical	 forces	at	 even	harmonics	 of	 the	network	frequency.		
Higher	harmonics	in	the	acoustic	spectrum	of	a	transformer	may	also	result	from	the	presence	 of	 nonlinear	 magnetic	 stray	 flux	 in	 the	 active	 part	 and	 the	 nonlinear	behaviour	of	the	windings	and	other	components.		













The	multiple	mono-harmonic	simulation	approach	employed	in	this	thesis	accounts	for	variation	 in	 the	 natural	 frequencies’	 of	 a	 transformer	 arising	 from	 both	 model	uncertainty	 and	 manufacturing	 variability.	 A	 simulation	 approach	 with	 fixed	 multi-harmonic	excitation	would	only	have	provided	three	noise	prediction	points	over	the	100	Hz	to	400	Hz	range	of	interest	(being	at	the	dominant	harmonics	of	the	excitation	mechanisms).	 Furthermore,	 a	 fixed-multi-harmonic	 simulation	 would	 not	 have	accounted	 for	 any	 variability	 between	 numerical	 and	 experimental	 natural	frequencies.		





Although	 not	 considered	 in	 this	 thesis,	 the	 multiple	 mono-harmonic	 simulation	approach	may	also	be	employed	to	estimate	 a	 transformer’s	 total	noise	 levels	under	nominal	 operating	 conditions.	 This	 total	 noise	 prediction	 would	 require	 the	 non-linearity	 of	 the	 excitation	 mechanisms	 to	 be	 accounted	 for,	 which	 has	 not	 been	considered	 in	 this	 thesis.	Specifically,	 the	discrete	 amplitudes	of	 the	electromagnetic	and	magnetostrictive	forces	at	the	first	three	even	harmonics	of	the	network	frequency	would	need	to	be	determined	and	applied	within	the	numerical	model.		
Employing	 the	 multiple	 mono-harmonic	 simulation	 approach,	 the	 prediction	 of	 a	transformer’s	 total	 operational	 acoustic	 emissions	 would	 be	 made	 through	 the	summation	 the	 sound	 pressure	 levels	 determined	 at	 each	 simulation	 frequency.		Therefore,	 the	 total	 sound	pressure	of	 transformer	 accounting	 for	measurements	at	the	network	frequency’s	first	three	even	harmonics	would	be	determined	by:	
	 ܮ∑ = 10 logଵ଴ ൬10 ௅భଵ଴	ௗ஻ + 10 ௅మଵ଴	ௗ஻ + 10 ௅యଵ଴	ௗ஻൰ 	݀ܤ	 (3.3)	
Where:		 	 ܮ		 indicates	individual	the	sound	pressure	levels	at		
	 	 	 	 each	of	the	dominant	harmonics		
It	 is	 of	 note	 that	 employing	 Eqn.	 3.3	 is	 similar	 to	 conducting	 a	 multi-harmonic	simulation	to	compute	a	single	total	sound	pressure	level	estimate.		
Within	this	thesis	the	operational	acoustic	characteristics	of	the	analysed	transformer	are	 not	 stated	due	 to	 the	 sensitive	 commercial	nature	of	 the	data.	However,	 ad	hoc	acoustic	measurements	for	the	validation	of	the	finite	element	model	over	a	range	that	incorporates	the	first	three	even	harmonics	of	the	network	frequency	are	presented	in	





Damping	exists	in	all	oscillatory	systems	that	experience	energy	dissipation,	having	the	effect	 of	 diminishing	 the	 system’s	 vibration	 in	 the	 neighbourhood	 of	 a	 resonance.	Damping	also	affects	the	transmissibility	of	vibrations	through	a	system,	i.e.	the	ratio	between	the	vibration	output	and	imposed	vibration	input.	Accurate	modelling	of	the	damping	 loss	 factor	 in	 vibro-acoustic	 predictions	 is	 therefore	 critical	 in	 order	 to	account	for	the	correct	transmissibility	of	vibrations	and	sound.	
As	opposed	to	the	mass	and	stiffness	matrices	 in	 finite	element	models,	the	damping	matrix	of	an	assembly	cannot	be	practically	evaluated	 from	structural	materials	and	member	 sizes.	 Instead	 modal	 damping	 is	 determined	 from	 dynamic	 tests	 and	experimental	 results.	 To	 fully	 describe	 the	 vibration	 response	 of	 the	 transformer	analysed	within	this	thesis,	the	modal	damping	characteristics	of	both	the	active	part	and	 the	 oil-filled	 tank	 assembly	 have	 been	 determined	 through	 the	 evaluation	 of	experimental	modal	analysis	(EMA)	results.		




Following	the	evaluation	of	damping	from	EMA	results,	this	chapter	will	detail	how	the	modal	damping	characteristics	of	the	transformer	have	been	accounted	 for	 in	 the	FE	model.	 The	 most	 common	 formulation	 to	 numerically	 model	 modal	 damping	 in	dynamic	 FE	 simulations	 is	 that	 of	 Rayleigh	 damping.	 Expressed	 in	 matrix	 form,	Rayleigh	damping	 is	 a	 linear	 combination	 of	 the	mass	 and	 stiffness	matrices	of	 the	structure:	
	 [ܥ] = ߙ	[ܯ] + 	ߚ	[ܭ]	 (3.4)	Where:			 [ܥ]		 is	the	viscous	Rayleigh	damping	matrix	
	 [ܯ]		 is	the	mass	matrix	
	 [ܭ]		 is	the	stiffness	matrix	
	 	 ߙ		 is	the	mass-proportional	damping	coefficient		
	 	 ߚ		 is	the	stiffness-proportional	damping	coefficient	





a	mathematical	means	of	expressing	 the	 level	of	damping	 in	 a	system	relative	to	 the	system’s	critical	damping5.	In	this	investigation	the	half-power	bandwidth	method	has	been	 employed	 to	 determine	 the	 damping	 of	 the	 active	 part.	 The	 aforementioned	methodology	 is	 the	most	widely	used	 frequency	domain	approach	 for	determining	 a	system’s	damping	behaviour.		
The	half-power	bandwidth	method	utilises	the	frequency	response	curve	from	a	forced	vibration	 test	 to	 determine	 of	 the	modal	 damping	 ratio.	Employing	 the	 half-power	bandwidth	methodology	the	modal	damping	ratio	is	computed	from:	 	




	 	 ߱௡	 is	the	natural	frequency	








· A	high	resolution	of	the	 frequency	response	 function,	with	measurements	 taken	at	 0.25	Hz	 intervals.	This	 allowed	 for	 accurate	 identification	of	 the	normalised	acceleration	magnitude	of	the	FRF	functions	at	resonance	peaks.		
Applying	 the	half-power	bandwidth	method	 at	resonance	peaks	along	 the	measured	frequency	spectrum	has	allowed	for	to	the	modal	damping	characteristics	of	the	active	part	to	be	determined.	For	the	purposes	of	this	study	the	damping	characteristics	have	been	determined	between	100	Hz	and	 for	400	Hz,	matching	 the	 frequency	spectrum	over	which	numerical	vibration	and	 acoustic	analyses	of	 the	 transformer	have	been	performed.		

















3.6.2 MODAL	DAMPING	OF	THE	TANK	STRUCTURE	Conventional	curve-fitting	methods	such	as	the	half-power	bandwidth	method	and	the	Hilbert	 Envelope	 Method	 (HEM)	 determine	 the	 modal	damping	 characteristics	 of	 a	system	 at	 isolated	 resonance	 peaks.	 However,	 the	 complexity	 of	 the	 transformer	assembly	 studied	 in	 this	 thesis,	 with	 a	 high	 modal	 density	 and	 therefore	 heavily	coupled	modes,	has	nullified	conventional	curve-fitting	approaches.	A	novel	adaptation	of	 the	 HEM,	 herein	 referred	 to	 as	 the	 adapted	 damping	 estimation	 technique,	 is	therefore	employed	in	this	thesis6.		
To	 determine	 the	 studied	 transformer’s	 modal	 damping	 characteristics,	 the	 novel	damping	technique	estimates	modal	damping	within	defined	bandwidths	as	opposed	to	at	 isolated	 resonance	peaks.	The	 adapted	damping	estimation	 technique	assumes	that	a	single	principal	resonance,	which	occurs	at	an	unknown	 frequency,	dominates	within	 each	 defined	 bandwidth.	 All	 other	 resonance	 peaks	 that	 occur	 within	 the	bandwidth	 are	 therefore	 considered	 as	 noise.	Under	 this	 assumption	 the	prevailing	resonance	in	each	band	dominates	the	decay	of	the	time	domain	impulse	response.	The	unknown	 frequency	 of	 the	 dominant	 resonance	 is	 approximated	 by	 the	 geometric	mean	value	of	the	band	(the	centre	frequency).		
	The	 adapted	 damping	 estimation	 technique	 is	 further	 detailed	 in	 the	 following	paragraphs	with	a	mathematical	description	 followed	by	a	numerical	 justification.	An	overview	of	the	methodology	as	applied	to	the	EMA	data	of	the	oil-filled	transformer	assembly	analysed	within	this	thesis	is	also	presented.	
																																																												




· Mathematical	Description	Within	this	thesis	the	damping	characteristics	of	the	transformer	assembly	were	calculated	within	one-third	octave	bands.	However,	other	bandwidths,	depending	on	 the	 vibration	 characteristics	 of	 the	 structure	 analysed,	 may	 have	 been	employed.	 The	 one-third-octave	 bandwidth	 delineation	 of	 the	 FRF	 signal	 is	notated	by:	
	 Δ ௞݂ = 	 ൤ℎ௞/2ଵ଺	,ℎ௞	2ଵ଺൨ ; 	ℎ௞ାଵ = 		 ℎ௞	2ଵଷ	 (3.6)	
Where:		 	 Δ ௞݂		 is	the	frequency	band		
	 	 	 ℎ௞		 is	the	geometric	mean	of	the	frequency	band	
As	an	adaption	of	the	Hilbert	Envelop	Method,	the	modal	damping	estimation	was	conducted	 in	 the	 time	domain.	This	required	 the	 inverse	 fast	Fourier	transform	(IFFT)	of	the	FRF	to	be	taken,	such	that:	
	 ݔ(ݐ) = ܫܨܨܶ(ܺ(݂) ⋅ ܫ(݂;Δ ௞݂))		 (3.7)	Where:		 	 ݔ(ݐ)		 is	the	impulse	signal	in	the	time	domain		
	 	 	 ܺ(݂)		 is	the	Fourier	transform	of	the	complex	series	x(t)		
The	term	ܫ(݂; Δ ௞݂)	in	Eqn.	3.7	acts	as	an	indicator	function	(ideal	filter),	allowing	only	 the	 frequency	data	points	within	 the	given	one-third-octave	bandwidth	 to	pass	 through	 the	 IFFT	 algorithm.	 The	 remaining	 FRF	 data	 points,	 which	 fall	outside	the	band,	return	a	zero	value,	such	that:		




Since	the	FRF	function	ܺ(݂)	inverse	transformed	to	the	time	domain	in	Eqn.	3.7	is	one-sided	(no	negative	frequency	component)	the	resulting	time	signal	is	analytic.	Furthermore,	 it	can	be	assumed	 that	 the	analytic	 signal	may	be	mathematically	approximated	as	a	simple	harmonic	oscillation	in	the	form,	
	 ݔ௔(ݐ) = ݁ି఍ఠ೙௧ sin(߱௡ݐ)	 (3.9)	Where:		 	 ݔ௔	 is	the	analytic	signal	
	 	 	 	ߞ	 is	the	damping	factor	
߱௡	 is	the	angular	frequency	(߱௡ = 2ߨ ௡݂)	
Taking	the	absolute	value	of	the	analytic	signal	results	in	an	exponential	function	that	describes	the	signal’s	envelope.	This	may	be	notated	as:		
	 |ݔ௔(ݐ)| = ܭ݁ି఍ఠ೙௧	 (3.10)	Where:		 	 ܭ		 is	a	constant	
The	natural	logarithm	of	Eqn.	3.10	represents	the	envelope	of	the	analytic	signal	as	a	linear	function:	




The	 calculation	 of	 the	 modal	 damping	 ratio	 ߞ	 is	 computed	 assuming	 that	 the	frequency	of	 the	dominant	 resonance	within	 each	defined	band	 is	equal	 to	 the	geometric	mean	value	of	the	band	of	interest.	Although	this	assumption	may	lead	to	highly	approximate	modal	damping	ratios	for	each	band,	 it	 is	considered	that	fitting	 the	 Rayleigh	 damping	 coefficients	 to	 a	 number	 of	 damping	 estimates	calculated	 over	 the	 frequency	 spectrum	 provides	 a	 reasonably	 accurate	approximation	of	the	proportional	damping	behaviour	of	the	studied	system.	The	fitting	 of	 the	 Rayleigh	 damping	 coefficients	 to	 the	 calculated	 modal	 damping	ratios	is	further	detailed	in	Chapter	3.6.3.		








ߞ(݂) 	= 	 12߱௡ 	ߙ	 (3.12)	(ܰ݋ݐ݁:				β	is	set	to	zero	in	Eqn. 3.12)	
- A	 second	random	vector	with	uniform	distribution	ܷ	[0,1]	determined	the	relative	significance	of	each	resonance.	
Considering	 the	 above	 three	 points,	 the	 random	 generation	of	 the	 FRF	 can	 be	notated	mathematically	as:		
	 FRF	(݂) 	= 	෍ g௡




Where:		 	 g௡	 is	the	magnitude	of	resonance	n	
߱/߱௡	 is	 the	 angular	 frequency	 vector	 of	 the	 FRF	normalised	 to	 the	 angular	 frequency	 at	 which	 the	resonance	n	occurs	





Variables	 within	 the	 generation	 of	 the	 random	 FRF	 included	 the	 number	 of	resonance	peaks,	the	sampling	rate,	the	number	of	samples	taken	and	the	mass-proportional	 damping	 factor.	 These	 variables	 were	 assigned	 values	 of,	 or	considered	 representative	 of,	 those	 in	 the	 FRF	 of	 the	 oil-filled	 transformer	assembly.	The	values	of	 the	variables	employed	 in	 the	 random	 FRF	generation	and	further	explanation	of	these	values	is	provided	in	Table	3-3.	
Table	3-3		 Variables	employed	in	the	generation	of	the	random	FRF	
Parameter	 Value		 Relation	to	the	experimental	case	Sampling	rate	 4096	 The	value	utilised	during	the	experimental	modal	analysis	of	the	transformer	assembly	Number	of	samples	taken	 4096	 The	value	utilised	during	the	experimental	modal	analysis	of	the	transformer	assembly	Mass-proportional	damping	 50	 Considered	representative	of	the	mass-damping	value	of	the	transformer,	with	the	oil	contained	within	the	transformer	tank	having	a	significant	mass-damping	effect	Natural	frequencies	generated	 400	 Considered	representative	of	the	transformer’s	high	modal	density		
	 The	 error	 estimate	 associated	with	 the	 adapted	damping	 estimation	 technique	was	determined	by	comparing:	
- the	known	damping	within	the	randomly	generated	FRF;	and	
- the	 damping	 value	 computed	 when	 applying	 the	 adapted	 damping	estimation	technique	to	the	randomly	generated	FRF.		











As	a	base	case	for	studying	the	adapted	damping	estimation	technique	the	0	Hz	to	400	Hz	analysis	spectrum	of	 the	randomly	generated	FRF	signal	was	delineated	into	 five	 constant-size	 frequency	 bands.	Within	each	 frequency	band	 the	 initial	500	samples	of	the	time-domain	signal	have	then	been	considered	in	estimating	the	modal	damping	 factor.	To	provide	an	error	distribution	of	 the	methodology	the	 random	 FRF	 generation	 and	 the	 subsequent	 application	 of	 the	 adapted	damping	estimation	technique	was	iterated	100	times.	Figure	3-10	illustrates	the	resulting	error	distribution.		
	
Figure	3-10	 Error	 distribution	 of	 the	 applied	 damping	methodology	 with	
	 	 the	0	–	400	Hz	analysis	spectrum	delineated	into	five	bands	
	 	 (base	case)	
















At	this	point	 it	 is	worth	noting	that	the	numerical	study	of	the	applied	damping	estimation	technique	has	identified	that	taking	the	IFFT	of	the	frequency	domain	FRF	 signal	 likely	 introduces	an	 error	 factor.	This	 source	of	 error	has	 also	been	noted	 in	 previous	 studies.	 The	 error	 arises	 from	 the	 ‘spectral	 leakage’	 of	 the	transformed	signal	from	one	period	into	the	following	period.	This	is	caused	by:	
- The	IFFT	not	recreating	the	impulse	response	of	the	original	time	signal	but	rather	a	repeated	pulse	train	response;	and		
- The	non-casual	spreading	of	IFFT	signal	–	with	the	pulse	arriving	before	the	impulse	and	continuing	after	it.	
























ฬ = ඪ 1 + ൬2ߞ ௩݂௡݂൰ଶ










Where:		 	 ܶ	 is	the	transmissibility	factor	
	 	 	 ܣ଴	 is	the	amplitude	of	the	vibration	response	
ܣ௜	 is	the	amplitude	of	the	vibration	input	
	 	 	 ௩݂	 is	the	frequency	of	the	excitation	vibration	
௡݂	 is	the	natural	frequency	of	the	system	
From	Eqn.	3.14	it	is	observed	that	when	the	excitation	frequency	is	equal	to	that	of	a	system’s	natural	frequency	the	transmissibility	factor	is	at	a	maximum.	It	can	also	 be	 shown	 that,	 for	 small	 values	 of	 ߞ,	 when	 the	 excitation	 and	 natural	frequencies	of	a	system	coincide	the	transmissibility	can	be	approximated	as	[74]:	
	












Considering	this	characteristic	of	the	transmissibility	function,	together	with	the	absence	 of	 conventional	 curve	 fitting	 methodologies	 and	 largely	 accurate	damping	 estimates	 provided	 by	 the	 novel	 methodology	 detailed,	 it	 may	 be	concluded	 that	 the	 adapted	 damping	 estimation	 technique	 is	 appropriate	 to	provide	an	approximation	of	the	transformer	assembly’s	modal	damping	over	the	frequency	range	of	interest.	






































Where:			 ݅, ݆		 denote	the	two	reference	modes	of	vibration	































Utilizing	Eqn.	3.17	the	Rayleigh	damping	coefficients	were	determined	independently	for	the	oil-filled	tank	assembly	and	the	active	part.	The	modal	damping	ratios	ߞ௜ … ߞ௡ ,	to	 which	 the	 Rayleigh	 damping	 factors	 have	 been	 fitted,	 were	 determined	 from	experimental	modal	analyses	results	as	discussed	in	Chapter	3.6.1	and	Chapter	3.6.2.		



































As	 discussed	 in	 Chapter	 2,	 the	 accuracy	 of	 finite	 element	 models	 is	 limited	 by	uncertainties	relating	to	geometric	and	material	properties,	boundary	conditions	and	loading	 applied	 to	 the	 model.	 The	 validation	 of	 finite	 element	 models	 through	 the	comparison	of	experimental	and	numerical	results	is	therefore	necessary.	Within	this	thesis	 experimental	 modal	 analysis	 results	 have	 allowed	 for	 the	 validation	 of	 the	structural	 finite	 element	 model	 while	 measured	 sound	 pressure	 levels	 have	 been	employed	to	validate	the	acoustic	noise	predictions.	The	following	subchapters	discuss	the	structural	and	acoustic	validation	of	the	vibro-acoustic	model	in	further	detail.		
4.1 MODAL	VALIDATION	OF	THE	ASSEMBLY	
The	structural	dynamics	characteristics	of	 the	numerical	 transformer	model	detailed	in	 Chapter	 3	 have	 been	 validated	 by	 comparing	 numerically	 computed	 modal	parameters	to	those	determined	experimentally.	The	experimental	modal	parameters	employed	 in	 this	 validation	 procedure	 were	 extracted	 from	 impact	 hammer	 tests	conducted	with	tri-axial	accelerometers	positioned	at	197	points	on	the	transformer.	Therefore,	 the	 experimental	 modal	 model	 consisted	 of	 591	 degrees	 of	 freedom.	 In	comparison,	 the	 numerical	 model	 comprises	 in	 excess	 of	 9.5	 million	 degrees	 of	freedom.		




In	this	thesis	the	structural	validation	of	the	finite	element	model	has	been	conducted	by	comparing	experimental	and	numerical	natural	 frequencies	at	modes	shapes	that	exhibit	visual	correlation.	This	simplistic	comparison	method	has	been	adopted	due	to	limitations	associated	with	the	incomplete	experimental	modal	model,	as	discussed	in	the	 preceding	 paragraph.	 Also	 of	 note	 is	 that	 because	 experimental	 modal	measurements	were	taken	on	the	external	surfaces	of	the	tank,	the	shape	of	the	tank	at	natural	frequency	points	has	therefore	formed	the	basis	of	visual	comparisons	made	in	this	thesis.	


































































The	acoustic	validation	of	the	numerical	simulation	has	acted	to	validate	all	preceding	steps	 in	 the	 modelling	 of	 the	 transformer.	 The	 validation	 has	 been	 conducted	 by	directly	comparing	experimentally	and	numerically	determined	sound	pressure	levels	over	 a	spectrum	 from	100	Hz	to	400	Hz.	This	validation	approach	 is	opposed	 those	employed	 in	 comparable	 preceding	 studies,	 which	 validated	 acoustic	 results	 at	 a	single	frequency	point	of	interest.		
Validation	of	the	numerical	model	from	100	Hz	to	400	Hz	 is	significant,	as	has	been	discussed	in	detail	in	Chapter	3.6.	This	is	because	the	spectral	range	is	inclusive	of	the	network	frequency’s	first	three	even	harmonics,	which	are	considered	dominant	in	a	LPTs	acoustic	response.	Furthermore,	validation	over	the	aforementioned	frequency	spectrum	will	allow	 for	 future	works	 to	estimate	 the	 total	audible	noise	 levels	of	 a	transformer	 under	 nominal	 operating	 conditions	 employing	 the	 computational	scheme	presented	in	this	thesis.	
4.2.1	 	SOUND	PRESSURE	LEVEL	MEASUREMENTS	The	 sound	 pressure	 level	 measurements	of	 the	 transformer	 analysed	 in	 this	 thesis	were	provided	by	Siemens	AG	Austria,	Transformers	Weiz.	The	measurements,	which	have	 been	 carried	 out	 in	 the	 Transformers	 Weiz	 test	 laboratory,	 were	 taken	 in	accordance	with:		
IEC	60076-10	Power	Transformers	–	Part	10:	Determination	of	Sound	Levels		




With	respect	to	the	sound	pressure	level	measurements	of	the	studied	transformer	 it	should	 be	 noted	 that	 a	 narrow-band	 measurement	 method	 has	 been	 employed.	Specifically,	 the	 fast	 Fourier	 transformation	 (FFT)	 frequency	 analysis	 method,	 as	described	 in	IEC	60067-10,	has	been	used.	This	method	provides	constant	bandwidth	acoustic	 measurements	 across	 a	 defined	 spectrum.	 When	 performing	 the	 acoustic	measurements	of	the	transformer	studied	within	this	thesis	a	bandwidth	resolution	of	
2	Hz	was	employed.	
The	 FFT	 narrow-band	 method	 uses	 an	 FFT	 algorithm	 to	 transform	 the	 measured	digital	 sound	 pressure	versus	 time	 spectrum	 to	 a	 sound	pressure	versus	 frequency	spectrum.	The	bandwidth	of	the	spectrum	therefore	depends	on	the	sampling	rate	of	the	 analogue-to-digital	 converter.	 As	 noted	 in	 IEC	60067-10,	 when	 employing	 a	narrow-band	 measurement	 method	 the	 summation	 of	 sound	 levels	 for	 the	 first	 10	bands	containing	frequencies	equal	to	twice	the	rated	frequency	and	multiples	thereof	is	adequate	to	approximate	total	sound	levels	for	most	transformers.	The	summation	of	sound	pressure	levels	can	be	calculated	as	follows:	
	




	 	 	 frequency
ܮ஺௩ is	the	sound		pressure		level		(or		sound		intensity		level)		
	 	 	 measured		over		the	chosen	bandwidth,	߂݂,	centred	on	a		
	 	 	 frequency	equal	to	2 ఔ݂ ,	at	rated	voltage	and	rated	frequency
݂ is	the	rated	frequency
ݒ is	the	sequence	number	(1,	2,	3,	etc.)	of	multiples	of	even			



























1	 50		 100		 100	 42.44	
2	 60		 120		 120	 44.74	
3	 70		 140		 140	 48.18	
4	 80		 160		 160	 51.68	
5	 90		 180		 180	 41.38	
6	 100		 200		 200	 40.06	
7	 110		 220		 220	 38.11	
8	 120		 240		 240	 38.87	
9	 130		 260		 260	 39.88	10	 140		 280		 280	 36.86	11	 150		 300		 300	 37.07	12	 160		 320		 320	 37.79	13	 170		 340		 340	 37.37	14	 180		 360		 360	 37.33	15	 190		 380		 380	 46.11	16	 200		 400		 400	 50.48	
	




The	industry	definitions	of	load	and	no-load	noise	generally	relate	to	total	noise	levels	instead	 of	 noise	 levels	 at	 an	 individual	 frequency	 component.	 Sound	 emissions	 at	higher	 harmonics	 of	 the	 excitation	 frequency	 are	 therefore	 considered	 in	 the	calculation	of	 load	and	no-load	noise.	 It	 is	also	 important	to	note	that,	as	previously	discussed	 in	 Chapter	 2.1	 and	 Chapter	 3.5,	 load	 and	 no-load	 noise	 levels	 may	 be	dominated	by	different	harmonics	of	the	excitation	frequency.	
As	 sound	 levels	 at	 only	 a	 single	 harmonic	 of	 the	 excitation	 frequency	 have	 been	evaluated	in	this	thesis	it	has	been	considered	inappropriate	to	contrast	results	under	load	and	no-load	conditions.	Such	results	would	have	no	context	within	the	 industry	interpretation	 of	 load	 and	 no-load	 transformer	 noise.	 The	 viewpoint	 taken	 to	 not	contrast	 load	and	no-load	noise	measurements	has	also	been	carried	 forward	to	 the	following	sections	of	this	thesis,	which	present	numerically	predicted	noise	levels.		












The	numerical	and	experimental	acoustic	results	of	the	studied	transformer	remain	in	favourable	agreement	across	all	measurement	points	within	the	100	Hz	to	300	Hz	(100	Hz	to	360	Hz),	with	an	average	error	of	2.48	dB	(4.86	dB)	over	this	spectrum.	However,	above	this	frequency	range	of	interest	the	error	between	numerical	and	experimental	results	 increases.	 The	 total	 error	 across	 the	 100	 Hz	 to	 400	 Hz	 analysis	 spectrum	considered	in	this	thesis	is	5.67	dB.		
The	 sound	 pressure	 level	 results	 presented	 in	 Figure	 4-5	 are	 comparable	 to	 those	presented	 in	 preceding	 studies.	 Specifically,	 the	 results	 are	 comparable	 to	 those	presented	 in	 Ref.	 [3],	 which	 contained	 a	 1.5	 dB	 difference	 between	 simulated	 and	experimental	 values	 (at	 the	 single	 100	 Hz	 validation	 point	 considered)	 and	 those	presented	 in	 Ref.	 [4],	 which	 included	 a	 6.61	 dB	 error	 (again	 at	 a	 single	 frequency	point).	 The	 numerical	 sound	 pressure	 levels	 presented	 in	 this	 thesis	 are	 therefore	considered	 accurate,	 as	 the	 aforementioned	 preceding	 studies	 have	 predicted	 only	coil-emitted	noise	at	a	single	frequency	point.	
Further	examination	of	Figure	4-5	illustrates	that	the	predicted	sound	pressure	levels	exhibit	the	local	and	global	trends	of	the	transformer’s	acoustic	behaviour.	The	global	behaviour	is	characterised	with	the	sound	pressure	levels	increasing	between	100	Hz	and	160	Hz	and	again	between	360	Hz	and	400	Hz.	Additionally,	 the	peaks	 in	sound	pressure,	 which	may	 be	 attributed	 to	 natural	 frequencies	 of	 the	 transformer	 being	excited,	illustrate	the	frequency-localised	characteristics	of	the	unit.		















This	chapter	has	detailed	the	validation	of	the	numerical	transformer	model	presented	in	Chapter	3.	Experimental	modal	 analysis	 results	have	allowed	 for	 the	validation	of	the	 structural	 finite	 element	 model	 by	 direct	 comparison	 of	 numerical	 and	experimental	 mode	 shapes	 and	 corresponding	 natural	 frequencies.	 The	 numerical	results	 have	 shown	 favourable	 agreement	 with	 experimental	 measurements,	 the	average	difference	between	the	modal	frequencies	of	the	first	six	correlated	numerical	and	experimental	modes	being	2.9	%.		
Following	the	validation	of	the	structural	model,	measured	sound	pressure	levels	were	employed	 to	validate	 the	acoustic	noise	predictions.	Specifically,	16	 frequency	points	across	a	300	Hz	spectrum	 from	100	Hz	to	400	Hz	have	been	analysed	employing	the	numerical	model,	 corresponding	 to	 the	16	 frequencies	at	which	 experimental	sound	pressure	levels	were	evaluated.	Validation	of	the	numerical	model	though	a	numerical	frequency	point	 to	 experimental	 frequency	 point	 comparison	 has	 allowed	 the	 non-linearity	of	the	excitation	forces	and	structural	elements	to	be	disregarded.	




The	 error	 margins	 relating	 to	 the	 respective	 numerical	 models	 presented	 in	 this	chapter	 have	 been	provided	 in	 Table	 4-3.	 The	 error	values	 stated	 in	Table	 4-3	 are	average	 error	 values	 accounting	 for	 all	 corresponding	 experimental	 and	 numerical	data	points	considered	in	the	modal	and	acoustic	models.	
Table	4-3	 	Model	Validation	Methods	and	Corresponding	Error	Margins	
































Through	the	comparison	of	experimental	and	numerical	results	it	has	been	shown	that	the	 computation	 scheme	 described	 in	 Chapter	 3	 is	 able	 to	 predict	 a	 transformer’s	acoustic	 emissions	 with	 a	 level	 of	 accuracy	 in	 line	 with	 comparable	 preceding	investigations.	 Additionally,	 the	 inclusion	 of	 all	 key	 structural	 and	 fluid	 elements	together	with	validation	over	a	100	Hz	to	400	Hz	spectrum	has	allowed	 for	the	 first	time	a	detailed	insight	into	the	vibration	and	acoustic	characteristics	of	a	transformer.	This	 chapter	 identifies	 these	 vibration	 and	 acoustic	 characteristics	 and	 provides	methods	for	identifying	them	during	the	design	process.	The	computing	requirements	for	the	numerical	simulations	employed	within	this	thesis	are	also	discussed.	
5.1 INCREASED	FREQUENCY	SAMPLING	TO	PROVIDE	
DETAILED	ACOUSTIC	CHARACTERISTICS	







	Figure	 5-1	 illustrates	 that	 increasing	 the	 number	 of	 frequency	 sampling	 points	provides	 a	higher	resolution	 frequency	 response	 spectrum.	This	 is	of	 importance	 as	predicting	 the	 distance	 of	 resonance	 peaks	 from	 100	 Hz	 (120	 Hz)	 and	 higher	harmonics	thereof	is	critical	in	understanding	the	risk	of	high	noise	emissions	from	a	transformer.	 The	 aforementioned	 frequencies	 and	 their	 higher	 harmonics	 are	 of	significance	as	they	are	the	frequencies	at	which	the	excitation	forces	in	the	active	part	occur.		




	The	significance	of	a	high	resolution	acoustic	spectrum	is	clearly	depicted	in	Figure	5-1.	As	shown,	the	refined	acoustic	spectrum	identifies	a	resonance	peak	at	150	Hz,	made	visible	 through	 elevated	 sound	 pressure	 levels	 (being	 approximately	 10	 dB	 above	other	sound	level	predictions	made	in	proximity).	This	elevated	noise	level	estimation	is	in	favourable	agreement	with	the	elevated	noise	level	determined	experimentally	at	160	Hz.	The	difference	between	the	experimental	and	numerical	resonance	peak	may	be	accounted	for	by	the	variables	identified	in	the	preceding	paragraph.	








The	calculated	sound	pressure	 levels	presented	in	Figure	5-2	again	 illustrate	that	the	simplified	numerical	model	provides	acoustic	estimates	in	favourable	agreement	with	those	of	 the	complete	 transformer	assembly.	From	 these	 results	 it	 is	 concluded	 that	simplified	 numerical	models	 can	 be	 employed	within	 the	 design	 process	 to	 reduce	modelling,	 discretisation	 and	 simulation	 time.	 A	 discussion	 of	 the	 computing	requirements	for	the	complete	and	simplified	simulations	is	presented	in	Chapter	5.4.		
5.2 EXCITATION	MECHANISMS	AND	ACTIVE	PART	VIBRATION	
CHARACTERISTICS	
Past	 literature	[7,	28,	44,	49-51]	has	 identified	 that	the	noise	 levels	of	 a	transformer	are	 significantly	 influenced	by	 the	vibration	 characteristics	of	 the	active	part	 and	 in	particular	 the	 core.	 This	 connection	 between	 vibration	 characteristics	 and	 sound	generation	 is	 a	 consequence	 of	 the	 active	 part’s	 modes	 being	 excited	 by	electromagnetic	 and	 magnetostrictive	 excitation	 forces.	 The	 excitation	 of	 the	assembly’s	modes	 results	 in	an	amplification	of	vibrations,	 leading	 to	elevated	noise	levels.	 Despite	 being	 identified	 as	 a	 source	 of	 excessive	 noise	 generation	 in	 past	literature,	this	thesis	presents	for	the	first	time	a	rigorous	validation	of	this	correlation.	





	 [m୰] = 	 [ߖ]୘[M][ߖ]	 (5.1)	Where:			 [ߖ]	 is	the	eigenvector	matrix	
	 [M]	 is	the	mass	matrix	
and	 a	 matrix	 describing	 the	 displacement	 of	 the	 masses	 resulting	 from	 a	 unit	displacement	spectrum	in	each	of	the	Cartesian	directions	may	be	defined	as,	
	 [L] = 	 [ߖ]୘[M]{s}	 (5.2)	Where:			 {s}	 is	a	displacement	transformation	vector	that	expresses	the	
	 	 	 displacement	of	each	structural	DOF	due	to	static	application
	 	 	 of	a	unit	movement	in	each	of	the	Cartesian	directions	
The	modal	participation	factor	for	the	ݎ௧௛	mode	may	then	be	defined	as:	
	
Γ୰ = [L]୰[m୰]୰	 (5.3)	Where:			 Γ୰		 is	the	modal	participation	factor	of	the	rth	mode	
As	discussed	in	Chapter	2.4,	if	the	eigenvector	matrix	[ߖ]	is	mass-normalised,	with	the	resulting	matrix	denoted	as	[Φ],	then	[m୰] = 	 [I].	




The	numerical	model	employed	to	determine	the	modal	mass	participation	 factors	of	the	 active	part	 in	 this	 thesis	has	not	directly	account	 for	 fluid-structure	 interaction.	The	fluid-structure	coupling	has	been	omitted	due	to	the	excessive	computing	power	it	required.	A	20	%	 reduction	 in	 the	 calculated	natural	 frequencies	has	 therefore	been	introduced.	 This	 factor	 accounts	 for	 the	 added-mass	 and	 viscous	 damping	 effects	associated	with	the	submersion	of	the	active	part	in	mineral	oil.		









	From	 Figure	 5-3	 it	 may	 be	 predicted	 that	 the	 sound	 radiation	 levels	 significantly	increase	 when	 the	 transformer	 is	 excited	 at	 160	 Hz.	 This	 agrees	 favourably	 with	measured	 sound	 pressure	 levels,	 which	 have	 also	 been	 illustrated	 in	 Figure	 5-3.	Furthermore,	 contrasting	 the	 measured	 sound	 pressure	 levels	 and	 the	 mass	participation	factor’s	of	the	active	part	illustrates	that	the	numerical	parameter	is	able	to	provide	a	qualitative	acoustic	estimate	over	the	entire	frequency	spectrum.	
5.3 RESONANCE	EFFECTS	AND	EXCESSIVE	SOUND	RADIATION	




To	gain	 insight	 into	 the	presence	of	global	modes	shapes	on	 the	 transformer	 tank	at	higher	frequency	ranges	a	series	of	forced	excitation	simulations	have	been	conducted	employing	 the	 numerical	 model	 detailed	 in	 Chapter	 3.	 These	 forced	 excitation	simulations	 followed	 an	 identical	 procedure	 to	 that	 used	 to	 predict	 the	 acoustic	characteristics	 of	 the	 transformer.	 The	 forced	 excitation	 simulations	 conducted	 in	proximity	 to	 400	 Hz	 have	 identified	 a	 mode	 shape	 characterised	 by	 the	 global	deformation	of	the	tank	cover.		
In	addition	 to	 the	global	mode	shape	of	 the	 tank	occurring	at	approximately	400	Hz,	the	 frequency	 spectrum	 illustrated	 in	Figure	5-3	 indicates	 that	 the	 active	part	has	 a	high	 modal	 density	 between	 360	 Hz	 and	 400	 Hz.	 A	 number	 of	 active	 part	 modes	(represented	by	circles	in	Figure	5-3)	may	therefore	be	excited	by	electromagnetic	and	magnetostrictive	 forces	 within	 this	 frequency	 range.	 The	 abovementioned	observations	indicate	that	the	high	noise	emissions	of	the	transformer	studied	in	this	thesis	between	350	to	400	Hz	likely	resulted	from	the	coincidence	of:	
i) A	 mode	 shape	 of	 the	 active	 part	 being	 excited	 by	 electromagnetic	 and	magnetostrictive	forces;	and		ii) A	global	mode	shape	of	the	tank	being	excited	by	vibrations	propagating	from	the	active	part.	








Noting	 that	 the	computation	 scheme	presented	 in	 this	 thesis	has	 focused	on	 its	use	within	 the	 design	 phase	 of	 a	 transformer,	 computing	 requirements	 and	 simulation	time	are	significant	 factors.	From	a	design	perspective,	the	numerical	prediction	 tool	should	not	require	excessive	simulation	time,	allowing	for	the	model	to	be	 iteratively	updated	and	an	optimised	solution	achieved.	The	computing	specifications	used	for	the	various	numerical	simulations	within	this	investigation	were	as	follows:		
· Processors:		 	 Intel	Xeon	CPU	E5	2867W	v3	@	3.10	Hz	
· Available	Memory:	 	 256	GB	
· Drive	Type:		 	 Solid	State	




Modal	 and	 harmonic	 response	 analyses	 are	 the	 two	 dynamic	 structural	 response	simulations	 that	have	 been	 conducted	within	 this	 thesis.	The	 computation	 time	 for	each	for	these	analyses	may	be	normalised	as	follows:		
· Modal	 analysis	 –	 minutes	 per	 calculation	 of	 a	 single	 mode	 within	 a	 defined	frequency	spectrum;	and	











From	the	computing	times	presented	in	Table	5-1	it	is	apparent	that	performing	a	fully	coupled	 fluid-structure	 interaction	 modal	 analysis	 not	 likely	 to	 be	 feasible	 in	 the	design	phase.	This	is	due	to	the	significant	computing	requirements	of	the	asymmetric	matrix	 formulation	 in	 such	 simulations.	 However,	 performing	 a	 structural	 modal	analysis	of	the	active	part	and	analytically	accounting	for	the	added-mass	effect	of	the	fluid	within	the	design	process	is	realistic.	As	presented	in	Chapter	5.3,	this	analytical	correction	 allows	 for	 an	 accurate	 quantitative	 estimate	 of	 noise	 levels	 and	 the	identification	of	modes	that	may	significantly	influence	the	acoustic	characteristics	of	a	transformer.		




































This	 chapter	 presents	 a	 sensitivity	 analysis	 to	 better	 understand	 the	 influence	 of	selected	parameters	on	a	transformer’s	vibro-acoustic	characteristics.	It	is	anticipated	that	the	understanding	gained	from	this	analysis	may	aid	in	the	acoustic	optimisation	of	a	transformer	during	the	design	phase.	The	parameters	within	this	study	have	been	selected	 on	 the	 basis	 that	 they	 do	 not	 affect	 a	 transformer’s	 electrical	 behaviour.	Parameters	that	have	been	analysed	include	the	stiffness	of	the	active	part,	the	number	of	stiffening	ribs	on	the	tank	walls,	the	transmissibility	of	vibrations	between	the	active	part	and	the	tank	and	the	dimensions	of	the	tank.		
The	sensitivity	analysis	has	been	conducted	by	changing	selected	parameters	within	the	numerical	transformer	model	presented	and	validated	 in	the	preceding	chapters.	Of	note	is	that	the	simplified	numerical	model	–	consisting	of	the	active	part,	the	tank	and	the	insulation	fluid	but	excluding	the	conservator,	the	radiators,	the	bushings	and	other	auxiliary	equipment	–	has	been	employed	 in	 these	analyses.	This	 is	due	to	 the	reduced	 simulation	 time	 associated	 with	 the	 simplified	 model.	 All	 acoustic	 results	presented	 in	 this	 chapter	 have	 been	 calculated	 at	 10	 Hz	 intervals	over	 an	 analysis	spectrum	from	100	Hz	to	400	Hz.	
6.1 INFLUENCE	OF	ACTIVE	PART	STIFFNESS	












The	second	trend	illustrated	in	Figure	6-1	is	the	notably	lower	noise	levels	calculated	when	the	stiffness	of	the	active	part	is	increased.	This	suggests	that,	in	addition	a	lower	modal	density,	 increasing	 the	 active	 part’s	 stiffness	 has	 had	 the	 effect	 reducing	 the	amplitude	of	the	assembly’s	vibrations.	The	application	of	this	result	has	already	been	implemented	 in	 shunt	 reactor	 cores,	which	 are	 designed	 as	 very	 stiff	 structures	 to	eliminate	excessive	vibrations	[7].	
Increasing	 the	 stiffness	 of	 the	 active	part	 to	optimise	 a	 transformer’s	vibration	 and	acoustic	 characteristics	 may	 be	 carried	 out	 in	 numerous	 ways.	 As	 identified	 in	Ref.	[44],	the	laminations	of	the	core	significantly	affect	the	structure’s	flexibility	(with	an	increase	in	lamination	material	decreasing	the	stiffness	of	the	core).	Therefore,	the	degree	of	 lamination	applied	to	 the	core	sheets	and	 the	properties	of	the	 laminating	material	may	be	optimised	to	provide	 a	stiffer	core.	Additional	methods	that	may	be	employed	to	increase	the	stiffness	of	the	active	part	 include	further	tensioning	of	the	tie	rods	and	increasing	the	clamping	pressure	applied	to	the	windings.	
6.2 INFLUENCE	OF	STIFFENING	RIBS		




Within	 this	 parametric	 study	 additional	 stiffening	 ribs	 have	 been	 added	 to	 those	already	present	on	 the	 tank	walls.	 The	U-shaped	 stiffeners	 included	 in	 the	 original	design	 fulfil	 the	duel	 purposes	 of	 increasing	 the	 tank’s	 vacuum	pressure	 withstand	capabilities	(necessary	as	oil-filling	of	a	transformer	is	carried	out	under	vacuum)	and	reducing	 the	 assembly’s	 acoustic	 emissions.	 Within	 this	 parametric	 study,	 an	additional	 two	 stiffening	 ribs	 were	 placed	 on	 each	 of	 the	 tank	 walls.	 The	 updated	layout	of	the	tank	is	illustrated	in	Figure	6-2.	
	
Figure	6-2	 Updated	tank	layout	of	tank	with	additional	stiffening	ribs	







	With	additional	stiffening	ribs	on	 the	 tank	the	acoustic	behaviour	of	 the	 transformer	has	been	significantly	altered,	as	shown	in	Figure	6-3.	In	particular,	the	results	appear	to	 show	 that	 some	 natural	 frequencies	 of	 the	 assembly	 have	 been	 amplified	 while	others	damped	by	the	alterations	made	 to	the	tank	 layout.	This	occurrence,	which	 is	particularly	visible	at	lower	frequencies,	may	be	attributed	to	 ‘stopping’	and	 ‘passing’	bands	 introduced	 by	 the	 additional	 stiffeners.	 Further	 reading	 on	 the	 formation	 of	these	bands	may	be	found	in	Refs.	[20,	82,	84].	






As	with	stiffening	ribs,	vibration-damping	pads	are	often	used	to	minimise	structure	borne	vibrations.	 In	 transformers,	 such	 pads	 are	 generally	 employed	 to	 isolate	 the	active	part,	being	the	source	of	vibrations,	from	the	base	of	the	tank.	However,	in	oil-filled	 transformers	 isolating	 the	 active	 part	 from	 the	 tank	 base	 only	 limits	 one	transmission	part,	as	 the	vibrations	are	 still	able	 to	 travel	 indirectly	 from	 the	active	part	to	the	tank	structure	through	the	fluid	medium.		







As	seen	in	Figure	6-4	additional	damping	applied	to	the	connection	between	the	active	part	and	the	tank	structure	has	had	a	limited	influence	on	the	acoustic	characteristics	of	 the	 studied	 transformer.	 The	 average	 decrease	 in	 the	 acoustic	 emissions	 of	 the	transformer	with	 additional	damping	measures	0.1	dB	across	 the	31	 corresponding	simulation	points9.	Therefore,	it	appears	that	the	primary	transmission	path	from	the	active	part	to	the	tank	of	the	transformer	is	through	the	fluid	medium.	It	should	also	be	noted	 that	no	 assertion	 is	made	 in	 this	 thesis	 as	 to	 the	probability	of	 being	 able	 to	achieve	additional	damping	of	0.3	between	the	active	part	and	tank	of	a	transformer.		
6.4 INFLUENCE	OF	TANK	DIMENSIONS	
The	final	parameter	studied	within	this	chapter	is	the	influence	of	tank	dimensions	on	
a	 transformer’s	 acoustic	 response.	 Tank	 dimensions	 are	 generally	 calculated	 with	regard	to	the	dimensions	of	the	active	part,	the	eddy	current	 losses	in	the	tank	walls	(which	 result	 from	 magnetic	 field	 leakage)	 and	 material	 costs.	 These	 factors	 make	altering	the	dimensions	of	the	tank	more	complicated	than	the	parameters	previously	discussed.		
To	 identify	 how	 tank	 dimensions	 influence	 a	 transformer’s	 acoustic	 response	 the	length	of	the	tank	in	the	numerical	model	has	been	increased	by	approximately	10	%.	It	 is	noted	that	due	 to	the	elongation	of	 the	 tank	the	placement	of	 the	stiffening	ribs	relative	 to	 the	 four	 corners	 of	 the	 tank	 has	 also	 been	 altered.	 The	 acoustic	characteristics	of	 the	 transformer	with	an	elongated	 tank	and	a	comparison	to	 those	sound	pressure	 levels	calculated	with	 the	original	numerical	model	are	presented	 in	Figure	6-5.	












This	 chapter	 has	 detailed	 a	 sensitivity	 analysis	 to	 better	 understand	 influence	 of	selected	parameters	on	 the	 sound	pressure	 levels	 and	vibration	 characteristics	of	 a	large	 power	 transformer.	 Four	 parameters	 selected	 on	 the	 basis	 that	 they	 do	 not	influence	the	electrical	behaviour	of	the	unit	have	been	considered,	being:	the	stiffness	of	 the	 active	 part;	 the	 number	 of	 stiffening	 ribs	 placed	 on	 the	 tank	 walls;	 the	transmissibility	of	vibrations	between	the	active	part	and	the	tank;	and	the	dimensions	of	the	tank.	The	analysis	was	conducted	by	changing	the	selected	parameters	within	the	numerical	model	presented	and	validated	in	the	preceding	chapters	of	this	thesis.	


































This	 thesis	 has	 presented	 the	 vibro-acoustic	 model	 of	 a	 large	 power	 transformer,	which	allows	 the	vibration	and	acoustic	characteristics	of	the	unit	 to	be	determined.	The	 model	 has	 been	 discretised	 and	 solved	 using	 the	 finite	 element	 method	 and	accounts	for	the	bi-directional	fluid-structure	interaction	between	the	active	part,	the	insulation	 fluid	 and	 the	 tank.	 Although	 a	 series	 of	 previous	 investigations	 have	employed	 the	 finite	 element	 method	 to	 predict	 the	 vibration	 characteristics	 of	individual	transformer	components,	the	narrow	scope	of	these	previous	analyses	and	the	 absence	of	 acoustic	 elements	 limit	 their	 ability	 to	qualitatively	 or	quantitatively	predict	the	complex	acoustic	characteristics	of	a	power	transformer.		
The	two	most	comparable	studies	to	that	presented	in	this	thesis,	being	those	detailed	in	 Ref.	 [3]	 and	 Ref.	 [4],	 are	 limited	 by	 the	 omission	 of	 the	 transformer	 core.	 This	omission	 has	 led	 to	 simplifications	 and	 assumptions	 that	 do	 not	 allow	 for	 the	prediction	of	a	transformer’s	acoustic	behaviour	under	nominal	operating	conditions.	The	shortcomings	of	the	models	presented	in	Refs.	[3,	4]	include:	
· The	 vibration	 characteristics	 of	 the	 transformer	 core,	 which	 may	 significantly	affect	a	transformer’s	overall	sound	pressure	levels,	are	overlooked;		
· Only	 the	 acoustic	 emissions	at	double	 the	 line	 frequency	 are	 considered,	 being	those	at	100	Hz.	This	 is	a	simplification	that	does	not	hold	true	in	reality	due	to	the	significant	sound	emissions	from	a	transformer	at	even	harmonics	of	the	line	frequency;	and	





The	 vibro-acoustic	 modelling	 methodology	 adopted	 in	 this	 thesis	 has	 attempted	 to	address	 the	 limitations	 in	 preceding	works.	 Specifically,	 all	 key	 structural	 elements	(i.e.	the	 core,	 the	 windings,	 and	 the	 tank,	 as	 well	 as	 the	 significant	 components	connecting	these	assemblies)	and	the	insulation	fluid	have	been	incorporated	into	the	numerical	 model.	 Furthermore,	 validation	 of	 the	 acoustic	 predictions	 has	 been	conducted	at	16	frequency	points	across	a	100	Hz	to	400	Hz	analysis	spectrum.	Of	note	is	 that	 this	 spectrum	 is	 considered	 as	dominant	 in	 the	 acoustic	 response	of	 a	 large	power	transformer.	
The	procedures	employed	 in	this	thesis	have	been	discussed	 in	detail	 in	the	previous	chapters.	 A	 summary	of	 the	methodology	employed	 for	predicting	 the	vibration	and	acoustic	characteristics	of	a	transformer	during	the	design	process	is	given	as	follows:		




v) Map	the	vibration	velocity	of	the	tank	structure,	as	calculated	in	step	iv,	to	an	external	acoustic	body	that	replicates	 the	test	or	operating	surrounds	of	 the	transformer	and	hence	calculate	the	radiated	sound	pressure	levels;		vi) Repeat	steps	iv	and	v	at	frequency	points	spaced	over	the	frequency	spectrum	of	interest;	and	vii) Calculate	 of	 the	 operational	 acoustic	 emissions	 through	 the	 combination	of	sound	pressure	levels	determined	at	each	of	the	three	dominant	harmonics	of	the	electromagnetic	and	magnetostrictive	 forces	 (noting	that	step	vii	has	not	been	performed	in	this	thesis).	
The	procedures	detailed	above	are	nonspecific	and	may	be	applied	to	any	transformer.	In	 addition	 to	 these	generic	 procedures	 this	 thesis	has:	 validated	 the	vibro-acoustic	numerical	methodology;	identified	the	key	vibration	characteristics	of	the	transformer	studied;	conducted	 a	 sensitivity	 analysis	of	 the	key	design	parameters	 influencing	 a	transformer’s	 acoustic	 behaviour;	 and	 detailed	 a	 novel	 damping	 estimation	methodology.	Concluding	remarks	applicable	to	these	studies	are	as	follows:	
i) Validation	 of	 the	 vibro-acoustic	 methodology	 was	 conducted	 through	 the	comparison	of	numerical	and	experimental	results.	Both	 a	 structural	and	 an	acoustic	validation	of	the	model	was	performed,	noting:	
- Numerical	 and	 experimental	 modal	 results	 showed	 a	 high	 level	 of	correlation	with	the	average	difference	between	the	natural	frequencies	of	the	first	six	comparable	modes	found	to	be	2.9	%;		




ii) Analyses	conducted	with	the	validated	vibro-acoustic	model	showed	that	the	vibration	 characteristics	of	 the	active	part	 significantly	 influence	 the	overall	acoustic	response	of	a	transformer.	The	numerical	model	also	illustrated	how	the	 frequency	overlap	of	active	part	and	 tank	modes	can	result	 in	 increased	noise	levels.		iii) The	sensitivity	analysis	conducted	in	this	thesis	concluded	that	the	stiffness	of	the	 active	 part	 is	 the	 parameter	 best	 suited	 to	 optimise	 a	 transformer’s	acoustic	behaviour.	Specifically,	increasing	the	active	part’s	stiffness	is	shown	to	produce	a	more	linear	acoustic	spectrum	with	lower	sound	pressure	levels.		iv) A	novel	damping	estimation	technique	was	presented	to	determine	the	modal	damping	of	the	complex	oil-filled	transformer	assembly,	noting:	
- 	The	 damping	 estimation	 technique	 methodology	 estimates	 modal	damping	 within	 defined	 bandwidths	 as	 opposed	 to	 at	 natural	frequency	points,	allowing	for	damping	estimates	to	be	computed	of	complex	structures	with	high	modal	densities;	and	
- The	 partial	 numerical	 validation	 conducted	 suggests	 that	 the	methodology	 is	 able	 to	 provide	 a	 good	 estimate	 of	 a	 complex	system’s	damping	characteristics	over	a	wide	frequency	spectrum.	





As	 presented	 in	 the	 preceding	 chapters,	 this	 thesis	 has	 detailed	 and	 validated	 a	numerical	 methodology	 able	 to	 predict	 the	 noise	 and	 vibration	 characteristics	 of	 a	large	power	transformer.	However,	areas	of	further	research	have	also	been	identified.	These	 future	 works	 focus	 on	 the	 assumptions	 and	 limitations	 of	 the	 modelling	methodology,	 which	 are	 potential	 sources	 of	 error	 and	 may	 account	 for	 the	discrepancies	between	predicted	and	measured	values	in	this	thesis.	The	limited	scope	of	the	work	presented	in	this	thesis	is	also	to	be	addressed	in	future	investigations.		
It	 is	 proposed	 that	 the	 first	 study	 to	 follow	 this	 thesis	 is	 the	 application	 of	 the	modelling	methodology	to	a	three-phase	large	power	transformer.	This	work	is	seen	as	significant	as	 three-phase	 large	power	 transformers	are	 the	most	commonly	utilised	class	 of	 transformer	 in	 transmission	 networks.	 The	 principal	 challenge	 of	 this	proposed	 investigation	 is	 the	 determination	 and	 application	 to	 the	 finite	 element	model	of	the	electromagnetic	and	magnetostrictive	 forces	resulting	 from	three-phase	excitation.	In	this	thesis	a	single-phase	unit	has	been	considered	which,	in	comparison	to	a	three-phase	transformer,	greatly	simplified	the	calculation	and	application	of	the	excitation	mechanisms.		




As	previously	discussed	 in	this	thesis,	 the	vibration	characteristics	of	 the	active	part	are	a	significant	factor	in	the	acoustic	behaviour	of	a	transformer.	However,	no	explicit	experimental	 modal	 analysis	 of	 the	 active	 part	 was	 conducted	 within	 this	 thesis.	Conducting	 a	detailed	EMA	 to	validate	 the	numerical	modelling	of	 the	 active	part	 in	future	 works	 is	 therefore	 of	 importance,	 with	 a	 focus	 on	 experimental	 modal	measurements	of:	
· The	windings	blocks	–	 to	validate	 the	homogeneous	body	employed	 to	simulate	the	windings	within	the	finite	element	model;	and	
· The	 core	 –	 to	 validate	 modal	 mass	 participation	 factors	 and	 mode	 shapes	resulting	from	the	numerical	modal	analysis	of	the	active	part.	
	Within	 this	 thesis	 all	 thermal	 effects	 on	 the	 vibration	 and	 subsequent	 acoustic	characteristics	of	 a	 transformer	have	been	disregarded.	However,	assuming	 that	 the	thermal	environs	and	operating	 temperatures	do	not	affect	 the	sound	emissions	of	 a	transformer	 is	not	valid.	Future	works	may	 therefore	 consider	how	 thermal	 factors	(i)	affect	 and	 (ii)	 may	 be	 accounted	 for	 within	 the	 numerical	 modelling	 of	 power	transformer	noise.	
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